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Summary

Despite the fact that hydraulics, in general, is considerathture technology, design
of hydraulic systems still offers a number of challengeslkioth component suppliers
and manufacturers of hydraulically actuated machines ascbffshore pipe handling
equipment. This type of equipment is characterized by higtephigh level of system
complexity and low production numbers. It requires a gresaell of skill and expe-
rience to develop the equipment and the focus on productindavelopment costs
Is constantly increasing. Therefore design engineersragmisly have to improve their
procedures for decision making regarding choice of prialgplutions, components and
materials in order to reach the best possible trade-off ltveewide range of design
criteria as fast as possible.

In this dissertation methods for modeling, parameter ifleation, design and optimiza-
tion of a selected piece of offshore pipe handling equiprreekhuckle boom crane, are
put forward and treated in details in five appended papers.

Modeling of mechanical multi-body systems with attentionstauctural flexibility is
treated in papers | and IV. Modeling, testing and parametstitication of directional
control valves with main focus on dynamic characteristiesggated in paper Il and also
discussed in papers Il and IV. Modeling of counterbalandeegwith main focus on
steady-state characteristics is treated in papers Il ¥inthlpaper IV also modeling of
hydraulic cylinders is discussed and a procedure for paemuentification for models
of hydraulic-mechanical systems is presented.

Steady-state design procedures for hydraulic systemsiscassed in paper Ill and a
design optimization method for reduction of oscillatiosspresented. Paper V deals
with dynamic considerations in design of electro-hydraniimtion control systems for
offshore pipe handling equipment.

All the presented methods are developed to accommodate #uks 0 the system de-
signer. They take into account the limited access to computaega and time available
for model development and design optimization, which arentaé challenges for the
system designer. The methods also address the problem afe@gunowledge within
several disciplines, e.g., by suggesting modeling assonmgpand experimental work
suitable for system design.
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Chapter 1

Introduction

Offshore drilling for oil and gas production dates back toehe of the nineteenth cen-
tury and began with drilling in fresh water lakes as well as shabalt waters at the
coast of California. During the 1960’s, 70’s and 80’s drifjimoved into areas of harsh
environments, like the North Sea, and so-called deepwatate(vdepths between 500
and 1500 m) in the Gulf of Mexico. This development still cones today with drilling
in arctic areas and ultra deepwater (water depths beyon@ 50

Naturally, this has required and led to a major developmehbtii subsea equipment,
e.g., for well control, and topside equipment such as togedridrilling machines), hoist-
ing systems and pipe handling equipment. The fact thatrdyils constantly moving to-
wards harsher environments and deeper waters obviousbases the requirements for
the equipment being used. This again leads to a number deolyak for the offshore
equipment manufacturers.

For applications such as top drives and hoisting systemstst noticeable design chal-
lenge is the increase in required lifting capacity. Todayrdquired lifting capacity often
reaches as high as 1500 short tons and in some cases eveil beyaddition, motion
compensation is required for hoisting systems whenever aisedfloating installation.
For offshore equipment in general, due to remote locatiodshégh cost of down time,
reliability and productivity are the most important perf@mnce criteria. Therefore de-
sign is based on well proven solutions and development of g ment has been a
steady process with incremental improvements of functighahd performance. Dur-
ing the last couple of decades machine development has nisirbaen concentrated
around control systems technology which has led to signifidarmelopment in automa-
tion and safety of machine operations. In terms of technglsiguctural design and de-
sign of actuation systems have developed at a much slowewrithtenly minor develop-
ments of materials and components. However, the developm@&@®and CAD/CAE
systems has had a significant impact on how design engineksamd has enabled

1



2 Model Based Design...

design improvements based on the existing technology.

Besides most types of top drives and hoisting systems,demsjuipment such as pipe
handling equipment normally rely on hydraulic or electgafaulic actuation. The rea-
son for this is that hydraulic actuation is a well-proven,aele and robust solution with
a number of advantages compared to electrical actuation.ngrothers, these advan-
tages include:

e Heat transfer. The hydraulic fluid carries away generated heat to a convenien
heat exchanger. This allows for smaller and lighter comptmen

e Lubrication . The hydraulic fluid acts as a lubricant and facilitates long camepb
life.

e Power density Torque/force developed by a hydraulic actuator is proportional
to pressure difference and only limited by permissiblesstievels. With respect
to size and weight, hydraulic actuators deliver high effampared to electrical
actuators.

e Price. Today hydraulic components are relatively cheap comptredany elec-
trical components.

Furthermore, there is a vast amount of experience with hyidraatuation in the off-
shore industry and far less experience with electrical dictma Therefore a change
of technology is complicated and represents a relativegh nisk even though electric
drives have developed significantly over the past decaddsralig, hydraulic actuation
Is also associated with a number of disadvantages such as:

e Contamination. Contaminated oil can clog valves and actuators or cause wear
which leads to permanent loss in performance or failure. Qoimi@ion is the
most common source of failure in hydraulic systems.

e Efficiency. Hydraulic systems normally have quite poor efficiencies corubéw
electrical systems.

e System complexity Hydraulic systems often require more components than elec-
trical systems which increases the system complexity. Furitwee, the need for
passive control elements such as counterbalance vahesinftoduces instability
and lowers the overall efficiency.

Some of these disadvantages may be eliminated by introglmeore modern technolo-
gies such as separate meter-in separate meter-out cdtritkdgon and Palmberg, 2011),
digital hydraulics (Linjama and Vilenius, 2007) or intetgd actuators (Michel and We-
ber, 2012) which have yet to be adopted by the offshore industhe reason these
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technologies have not yet been applied is that they are lglslspfioven and therefore
represent less reliable solutions.

Hydraulics, or fluid power in general, is a widely used technglaith application to,
e.g., the automotive and the aerospace industries, dffilay vehicles, wind turbines
and production and manufacturing machines. Hydraulicstenadivided into two cat-
egories;mobile hydraulicanainly referring to off-highway applications amadustrial
hydraulicsmainly referring to production and manufacturing applicatiofsdustrial
applications are typically characterized by high requiats for repeatability, dynamic
response and accuracy whereas mobile applications often gl requirements for
versatility and human-machine interface. Furthermordustrial application are usu-
ally supplied by a constant pressure system whereas molplecaions usually are
supplied by a system with variable supply pressure (loadsgsystems).

In terms of requirements for repeatability, dynamic reggoand accuracy as well as
versatility and human-machine interface, offshore ajppilbns are located somewhere
between mobile and industrial applications. They are ugsalbplied by constant pres-
sure systems, but use components from both mobile and nmlugtplications.
Although electric drives and modern fluid power technologiesainly will gain more
ground in the offshore industry, a sudden change in actu&ithnology seems unlikely.
Therefore maintenance and development of knowledge witrsigdeof hydraulic sys-
tems is highly relevant and will continue to be for decadestoe.

1.1 Motivation and Background

Despite the fact that hydraulics, in general, is considerathture technology, design
of hydraulic systems still offers a number of challengeskdoth component suppliers
and manufacturers of hydraulically actuated machines ascbffshore pipe handling
equipment. This type of equipment is characterized by higtephigh level of system
complexity and low production numbers. It requires a greaell of skill and expe-
rience to develop the equipment and the focus on productindevelopment costs
Is constantly increasing. Therefore design engineersraomisly have to improve their
procedures for decision making regarding choice of prialgplutions, components and
materials in order to reach the best possible trade-off betveewide range of design
criteria as fast as possible.

For hydraulic and electro-hydraulic actuation systemsstnaesign challenges are re-
lated to the dynamics of the actuation system and the apiplicé is being designed
for. While design procedures based on steady-state coasmles are well-known and
fairly easy to apply, there is still a lack of robust designgqadures that take the sys-
tem dynamics into account. This includes both stability aoduracy, i.e., the systems
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tendency to oscillate and ability to follow a reference sigiThese criteria are not eas-
ily evaluated and are therefore often left unaddressedlthetsystem has been realized
and can be tested. Although, in practice, a substantial atradunning is usually re-
quired, insufficient focus on dynamics during the desigrsphaften leads to costly and
time consuming design changes which can be difficult to implerafter the system has
been realized. This is especially problematic for areastliie offshore industry where
there are very limited opportunities to build prototypesverification of a new design.
The problem calls for a model based approach which enableegigner to evaluate the
system dynamics and take measures to improve it before ghersys build. Non-linear
dynamic models may be linearized and used to check for gtainlselected operating
points and to analyze how system parameters influence thiétgtenargin. However for
analysis of complete operating cycles it quickly becomgsrautical to work with lin-
earized models. Furthermore, since stability is an absohgasure and many hydraulic
systems are likely to become unstable in one or more opgratmts or oscillate in
limit cycles, it is more meaningful to consider the level gtilations occurring during
the operating cycle.

What is needed for more detailed system analysis is dyname& domain simulation
which can be used to analyze both oscillation level and acguwtaring the operating
cycle in order to evaluate the system design and possibty oat design optimization.
A model based design approach may be illustrated as in Fig. 1.

\ Design parameter( \

-t

Design/Optimization
Procedure

Dynamic Model

-
Simulation resultsK

)

Figure 1.1: Model based design approach.

Depending on the purpose, a more or less extensive model obtisdered system is
needed. For design of motion control systems for applioatikke offshore pipe han-
dling equipment, rather detailed models including the meatal system, the actuation
system and the control system are usually required. Iniadgdienvironmental effects
and even operator behavior may need to be considered.

Simulation models serve as virtual prototypes providirignmation about machine per-
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formance such as overall efficiency, oscillatory behavimt accuracy, enabling engi-
neers to test, redesign and optimize the design before iarufactured. This may be
done by either using the model directly as a design evalu&tiol or by coupling it with

a numerical optimization routine.

One of the major challenges in model based design is to prosinogation models
that, with a reasonable precision, are able to mimic the beha¥ a real system. This
challenge is especially pronounced for hydraulically at#d machines simply because
suppliers of hydraulic components are not used to delivehaldata needed to develop
simulation models of their products.

The challenges of model based design may be divided inte ttaggories:

e Modeling and simulation. This includes choice of simulation software, modeling
techniques and level of modeling detail.

e Model validation and verification. This usually involves some sort of experi-
mental work followed up by parameter identification.

e Use of simulation models This includes setting up a suitable frame work for post-
processing of simulation results and optimization of catidesign parameters.

These topics form the basis for the work presented in thisedigtion and are treated
in more detail in chapters 3 and 4 and are also subjected toratlite review in the
following section.

1.2 State of the Art

Fluid power technology is a relatively small research area.elen so hydraulics has
been subject to extensive research during both the pasth@ndutrent century. An
overview of relatively recent research issues is given byr@us (2000). The technol-
ogy, as we know it today, has been around for at least a centurhas gone through
a slow and steady development with research results rengaiglievant for a long time.
An example of that is the work by Merritt (1967), which is stikfuently referred to in
both research and education and by practicing engineers.

During the recent decades, with the development of PCs and eotratly available
software for simulation and technical computing, desigd aptimization of hydraulic
systems has attracted a considerable amount of intereast rigsearchers in the fluid
power community. Fundamental design procedures based aiystesie based con-
siderations have been presented by Stecki and Garbacik )(2(®&tem design and
component selection using dynamic simulation and numlesymamization has been in-
vestigated by Krus et al. (1991), Andersson (2001), Hansen addrdan (2001), Krim-



6 Model Based Design...

bacher et al. (2001), Papadopoulos and Davliakos (2004grBex (2004) and Hansen
and Andersen (2005).

Conceptual design and so-called expert systems for audoihdasign have also attracted
a considerable amount of attention, (Dunlop and Rayudu, )1 9R® and Shen, 1995),
(da Silva and Back, 2000), (da Silva, 2000), (Darlington et2001), (Hughes et al.,
2001), (Liermann and Murrenhoff, 2005), (Steiner and S#ih&D05), (Schlemmer and
Murrenhoff, 2008) and (Engler et al., 2010). The impact migtacademia, however,
remains limited. A reason for this may be that design of hylitasystems is some-
what application dependent. Design criteria and constrairdembination with design
traditions differ from one application area to another, mgkt difficult to set up and
maintain design rules for expert systems. Moreover, s&spliand conservatism may
contribute to design engineers being reluctant to make Useoh systems.

Hydraulic systems are therefore still designed manuallyraost often based on exist-
ing systems, reducing the design job to a sizing problem wihersystem architecture
is already given. In these cases the design engineer camntgtienefit from tools such
as dynamic simulation and optimization. This has alreadnhminted out by Palmberg
(1995) and demonstrated by Hampson et al. (1996).

Computer based time domain simulation and optimizationriegies have, by far, proven
themselves as excellent tools for the challenged desigrehave over the last couple
of decades increasingly been employed by drilling equigmeanufacturers. However,
the use of these techniques still offers a number of chadlemmth in industry as well
as academia. As previously mentioned, the main challengepsoduce reliable simu-
lation models that can be used for design purposes.

Today there are several commercially available softwakages for modeling and
simulation of multi-domain systems. Many of these softwaaekages include exten-
sive libraries of generic model components making it easl/fast to develop models
of control systems and hydraulic-mechanical systems arabmobine sub-models of
different physical domains. However, efficient modelingl sgquires a great level of
theoretical knowledge and experience within specific disogsl.

For modeling of mechanical systems the use of three-dimmeabmulti-body model-
ing techniques, (Nikravesh, 1988), (Eberhard and SchieR@o6), (Schiehlen, 1997),
(Schiehlen, 2007) and (Yoo et al., 2007), is especiallylehging. This is mainly related
to modeling of structural flexibility, although this has besubjected to quite extensive
research, (Shabana, 1997), (Pascal, 2001), (Braccesi €084), (Bouzgarrou et al.,
2005), (Gerstmayr and Schéberl, 2006), (Munteanu et al§R@Bauchau et al., 2008)
and (Naets et al., 2012). Many of the modern techniques aredbas finite element
(FE) formulations and are not always possible to apply wheémgusulti-domain sim-
ulation software packages. Therefore lumped parametepagipes such as those used
by Banerjee and Nagarajan (1997), Hansen et al. (2001) andrRiiaiaand Baddour
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(2003) are also highly relevant because they are easy temwit and require relatively
little computational effort while offering accuracy thatssfficient for many purposes.
Lumped parameters techniques for modeling of structurzibiley and damping are
discussed in section 3.1.

For modeling of hydraulic components and systems, chadieage first of all related to
the fact that model parameters are difficult to acquire oravailable at all. Therefore
experimental work is often required and certain model stmes have to be assumed
which allow for simplifications without ignoring or underestiting important physical
phenomena. These challenges are especially pronouncednmgronents such as cylin-
ders, directional control valves and pressure controleslike counterbalance valves.
Modeling of friction is a well-documented topic, (Bo and Pageu, 1982), (Armstrong-
Hélouvry et al., 1994), (Olsson et al., 1998) and (Mare, 20ERt)ction in hydraulic
cylinders has been investigated several times and quiteraecmodels have been de-
veloped, (Bonchis et al., 1999), (Yanada and Sekikawa, R{0&rton et al., 2011),
(Ottestad et al., 2012) and (Tran et al., 2012). However the eumibrequired model
parameters represents a problem because they cannot beidetéwithout experimen-
tal work. Consequently, simpler model often have to be usadhwhaturally, neglects
certain physical phenomena but nevertheless are suffibemhost design purposes.
This is further discussed in section 3.2.

Modeling of spool type directional control valves is alsatguvell documented and has
been investigated, e.g., by Handroos and Vilenius (1991)pKépd Ellman (1999),
Kappi and Ellman (2000), Gordic et al. (2004), Nielsen et al0@@&nd Maré and Attar
(2008). Other types of flow control valves and pressure cou#tlves have been inves-
tigated by Zhang et al. (2002), Muller and Fales (2008), Opdsah et al. (2009), Ruan
etal. (2001) and Alirand et al. (2002). Modeling of hydraw#dves is often problematic
due to the limited information available from datasheets due to physical phenom-
ena such as friction and resulting hysteresis, nonlinesthdirge area characteristics,
varying discharge coefficients and varying flow forces. Cotafional fluid dynamics
(CFD) may be used to provide insight in some of these phenonienaften experi-
mental work and semi-physical or non-physical modelingragghes are required for
time domain simulation. This is addressed in further detaikection 3.2.

Today there are no rules for selection of components, degymization and model-
ing of hydraulically actuated machines like offshore pigmdling equipment. In this
dissertation contributions in these areas are put forwadd@ated in details in the five
appended papers.

Modeling of mechanical multi-body systems with attentionstauctural flexibility is
treated in papers | and IV. Modeling, testing and parametattitication of directional
control valves with main focus on dynamic characteristiesggated in paper Il and also
discussed in papers lll and IV. Modeling of counterbalandeegwith main focus on
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steady-state characteristics is treated in papers Il ¥nt¢hl paper 1V also modeling of
hydraulic cylinders is discussed and a procedure for paemuentification for models
of hydraulic-mechanical systems is presented.

Steady-state design procedures for hydraulic systemsiscassed in paper Il and a
design optimization method for reduction of oscillatiosspresented. Paper V deals
with dynamic considerations in design of electro-hydranoiimtion control systems for
offshore pipe handling equipment.

All the presented methods are developed to accommodate #uks 0 the system de-
signer. They take into account the limited access to compaea and time available
for model development and design optimization, which arentaé challenges for the
system designer. The methods also address the problem afe@gunowledge within
several disciplines, e.g., by suggesting modeling assomgpand experimental work
suitable for system design.



Chapter 2

Offshore Pipe Handling Equipment

Offshore drilling rigs include a wide range of highly speciatizmachines, which are
used to perform different operations, see Fig. 2.1. Besluetop drive and the hoisting
system, topside equipment may be divided into the followiaiggories:

e Drill floor equipment. This includes machines such as the roughneck, which is
used to connect and disconnect the drill pipes that make ugirilhstring.

¢ Pipe handling equipment This includes a number of different handling tools and
crane types, which are used to handle and transport drils@péd risers between
different locations on the rig.

e BOP handling equipment This is used to handle the blowout preventer (BOP).

e Compensaters and tensioners Compensators include both passive and active
heave compensation equipment and are used to either mairtamstant weight
on bit (WOB) while drilling or keeping the top drive in a fixed pii@n while the
rig is moving. Tensioners are used to maintain a constantoiems the riser to
avoid buckling while the rig is moving.

e Mud pumps and drilling fluid handling systems. Mud pumps are used to pump
drilling mud into the well while drilling in order to cool and luisate the drill bit
and to carry cuttings from the well to the top side where it is s&pa from the
mud by the drilling fluid handling system.

e Hydraulic power units. These are used to supply fluid power to the hydraulically
actuated machines onboard the rig.

e Control and monitoring system. This is used to control and monitor the equip-
ment and the drilling process.
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n'r Heave compensation system

Top drive !AWM
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pipe handling crane Knuckle boom crane

Riser handling

crane Pipe deck

Riser tensioning system

Figure 2.1: Typical drilling rig layoutlmage courtesy of Aker Solutians

On a typical drilling rig, the pipe handling equipment cotsisf a knuckle boom crane
and a tubular feeding machine which are used to transpolpisgs between the pipe
deck and the drill floor. On the drill floor there is usually aiaontal-to-vertical pipe

handling crane, a so-called mousehole and vertical pipdlimgnsystem which are all
used to build stands (assemblies of either three or fourgipés) and to transport the
stands between the setback area and the well center.

The riser elements are transported between the riser starageand the drill floor by

means of a riser handling crane, a riser chute and a mamypaah located on the drill
floor.
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2.1 The Knuckle Boom Crane

For the design engineer, the knuckle boom crane is a chaligiagplication because its
dynamic characteristics change significantly with the ofpegaconditions, e.g., size of
payload and position and speed of the actuators of the crane.

Knuckle boom cranes are used for a wide range of offshore anthenaperations and
therefore exist in different variations. The cranes usegipe handling typically have
three booms or jibs as the one shown in Fig. 2.2 and the onedayesliin paper IV, but
may also have of only two jibs as the one considered in paper I.

Figure 2.2: Pipe handling knuckle boom cratraage courtesy of Aker Solutians

The crane may be treated as a large multi-domain systemstimgsof three interacting
systems:

1. A mechanical system.
2. An electro-hydraulic actuation system.

3. An electronic control system.
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The mechanical system provides the geometric and strugitwperties of the crane
while the other two systems constitute the motion controtesys The main compo-
nents of the mechanical system are a rotating part mountadgpedestal with a slewing
bearing and either two or three crane jibs and a gripping watected in series by
means of hinges. The crane is controlled from the operatafl mounted on the ro-
tating part, also called the king.

The actuation system consists of several hydraulic csauipplied by a hydraulic power
unit (HPU) with constant supply and return pressumgsand pr. Together with the

control system, the circuits of the actuation system maka mpmber of motion control
sub-systems, each controlling one degree of freedom (DOF). plified schematic of

a typical motion control sub-system is shown in Fig. 2.3.

FBC

~ FFC

Figure 2.3: Typical motion control sub-system.

The illustrated circuit is used to control the inner jib okethrane and consists of a
cylinder with integrated position sensor, a counterbalaatee (CBV) and a directional
control valve (DCV) as the main components of the actuatiotesys

The cylinder motion is controlled with the DCV, which controle thow into either of
the two cylinder chambers. When the cylinder is exposed ¢atiee loads (piston ve-
locity and load force have the same direction), also thesbptlessure of the cylinder
needs to be controlled. This is normally handled by the CBMctviprovides a relief
valve functionality on the outlet side of the cylinder atsiksby the pressure on the inlet
side. Negative loads occur during load lowering and can occhbioih directions of mo-
tion for cylinders controlling the intermediate and outésji In these cases CBVs are
required on both the piston side and the rod side of the ogtind
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This is also required for motor circuits such as the one odiivig the slewing motion
of the crane where the inertia load needs to be controlled. GBis$ in different vari-
ations, e.g., externally vented, non-vented and reliefpmmsated, due to the different
applications they are used for.

Most often a pressure compensated DCV with electro-hydragtication and closed
loop spool position control is used. The reason for this & thprovides load inde-
pendent flow control which reduces the requirements for timérobsystem and makes
it easier to tune the controller gains. Furthermore, loatependent flow control is
required whenever an operator is to control more than one DOFe dintle without as-
sistance from the control system.

Offshore knuckle boom cranes generally feature a high degfraetomation compared
to other types of cranes. The control strategy relies ortiposand/or velocity feedback
from the individual DOFs. The control system consists of fdanents:

e Human-machine interface (HMI)
e Set point generator (SPG).

e Feedforward controller (FFC).

e Feedback controller (FBC).

Besides monitors, push buttons and switches, the HMI contamgoysticks which the
operator uses to generate command signals for the constdry Joystick signals are
fed to the SPG where they may be treated in different ways dipgon the selected
control mode. In open loop control mode the joystick sigogd, is fed directly to the
DCV as a feedforward signal, see Fig. 2.3. In closed loop cbniode joystick signals
are transformed into velocity and position referencestferindividual cylinder motions.
The latter is used for path control of the crane’s grippingeyarhere several DOFs are
controlled in a coordinated manner.

The FFC is a scaling of the velocity referengg; and the FBC is usually a PI controller
which compensates for disturbances and accumulated positiors.e = yet — Y. The
control system usually also contains an element which cosgies for deadband of the
DCV. The system architecture shown in Fig. 2.3 is a popular stradecause of its
simple and, consequently, robust design. Furthermorecdh&ollers are easy to tune
because of the load independent flow control.
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Chapter 3

Modeling and Parameter Identification

Even though techniques have been around for several degaddsling for dynamic
simulation has become significantly easier during the lastde alone. Today there ex-
ists a number of commercially available software packagel as MATLAB/Simulink,
SimulationX, AMESim, Dymola, Maple/MapleSim and 20-sim, whi@nde used for
time domain simulation of multi-domain systems such as éwlilc-mechanical systems.
All these software packages are based on graphical envirasrrewhich models are
developed simply by drag-and-drop and connection of gemeodel components from
the integrated model libraries.

Most of the tools also facilitate development of user-defimedel components, which
is often required for modeling of hydraulic components. tkewrmore, with standards
like the Modelica language and functional mock-up intezfd€MI) models can be ex-
changed and used with several different simulation toolkimgesimulation more plat-
form independent.

For the work presented in this dissertation, several difiesoftware packages have been
used. For the work in paper I, SimulationX is used for modgénd simulation and for
the remaining papers Maple/MapleSim is used. In paper$llIIM and V also MAT-
LAB/Simulink is used for different purposes.

In model based design the actual modeling is closely linketh¢ design objectives.
The main challenge is to minimize the complexity of the modekhout ignoring or
underestimating important physical phenomena. Put infematay, models must be as
simple as possible and as detailed as required.

For system designers this challenge involves setting upldei models of mechanical
structures and sub-supplier components for which the reduata may be difficult to
acquire or not available. This is especially pronouncedhairaulic components and
therefore experimental work may be required to identifysimg models parameters.
As time, resources and practical circumstances seldom &blotwll-scale experimental
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work for verification of complete system model, testing arpezimental work may be
carried out with partial systems or separate componentseftiication of sub-models.
Testing and model parameter identification of DCVs and CBVs igecka papers Il
and IV, respectively, and in paper IV an approach for expemntadenodel verification
of a complete crane model is described. The approach invaluvee steps where the
firstis to consider the steady-state forces on the actuatorsler to tune the masses and
centers of gravity of the bodies of the mechanical model anddntify friction param-
eters for the actuators. In the second step steady-statsypes are considered in order
to tune steady-state characteristics of the valves of thedojic model. In the third step
the system dynamics, i.e., vibration frequencies and tidordevels, are considered in
order to tune mechanical and hydraulic flexibility and damgpi

In general the calibration and verification of a model canlbstrated as in Fig. 3.1.

Measured state variables

Input Measured output
— Real syste

 J

> Correspondence?

[ No j [Yesj—» Verified

Simulated state variables

\

Simulated output
Model >

New simulation with new parametens

Figure 3.1: Principle of model verification.

In order to calibrate and verify the model, the inputs frora éxperiments are fed to
the model and the uncertain parameters are systematioakyt(identified) until both

simulated outputs and state variables correspond to thHatséned in the experiments.
This is described in further details in paper IV.

Model verification is closely related to model validatiomdaalthough the meanings
of the two terms are different they are often used interchahbly. Model verification

is concerned with implementation of the model and whether tbdaihparameters are
correct. Model validation, on the other hand, is concernetth Wie model structure
and whether the model is an accurate representation of theyg@m being consid-
ered. Consequently, if the model verification, i.e., par@mseidentification, fails then
the model validation also fails and the model structure a¢edbe reconsidered.
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3.1 Mechanical Systems

For modeling of complex mechanical systems, like the kreitidom crane described
in section 2.1, it is often an advantage to use a multi-bodtesy (MBS) modeling
approach. MBS libraries are available in many of the presiypmentioned modeling
and simulation tools and even extensive models can be geatleelatively fast with
generic model components. But even though these tools friéiva and easy to use,
modeling of mechanical systems is still a difficult task.

First of all it may be difficult to identify a suitable kinemastructure for the model. This
is often the case when the system contains closed kinematins;twhich is the case
for the knuckle boom crane. The topology of the crane is diplaa open kinematic
chain, formed by the crane jibs, but with locally closed cedormed by the hydraulic
cylinders.

To avoid over-constraining the model, it is often helpfuttompute the number of DOFs,
or independent coordinatewhich is determined by the number of bodies and the total
number of constraints:

Npor = 6 Npodies— Nconstraints (3.1)

The total number of constraint is determined by the numbdrtgpes of joints used in
the model. For a system like a knuckle boom crane, the mostmmty used joints are
the prismatic joint (PJ), the revolute joint (RJ), the umsad joint (UJ) and the spherical
joint (SJ) and the number of DOFs may be determined by:

NpoF = 6 Nhodies— 5- NPy —5-NR3—4-Nyj — 3 Ns;3 (3.2)

However the main challenge when modeling a system like the kalx@om crane is to
include the structural flexibility in an appropriate way. Asmtioned in section 1.2 many
modern techniques for flexibility modeling are based on Finidations, which are not
always possible to use together with multi-domain simufraioftware. Although more
and more of these software packages include modules arabtes for import of FE
results, the use of these formulation are still problemagicause they are computational
demanding. Furthermore, FE models of the considered ateiahay not be available
and will therefore require additional work if an FE approaskchosen.

Lumped parameter modeling techniques such aBrite segment methd&SM), (Hus-
ton, 1981), (Huston, 1991), (Huston and Wang, 1993), (Conrelty Huston, 1994a)
and (Connelly and Huston, 1994b), are usually less compuatatidemanding, easier
to implement and often offer sufficient accuracy. For madgbhf bending and torsion,
flexible members are divided into a number of rigid segmenistware connected with
revolute joints and rotation springs corresponding to thresadered mode of deflection,
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l.e., in-plane bending, out-of-plane bending or torsiohe Epring stiffnesses can easily
be calculated from geometrical and material properties. lidgipon of the method is
described in detail in papers | and IV.

In paper | the effectiveness of the method is investigateddmgidering the outer jib of
a knuckle boom crane. A finite segment (FS) model with nine segsis developed
along with an FE model and both static deflections and nattegLiencies of in-plane
and out-of-plane bending of the two models are comparedn &Enxth a rather rough ap-
proximation of the stiffnesses for the FS model a satisfgatorrespondence between
the FS and FE models is achieved, regarding both dynamictatid behavior. After
a simple calibration of the FS model the natural frequenaresequal to those of the
FE model, however some deviations for the static deflectiensam. Even though FE
models may not represent the behavior of real structureseults in paper | show that
FS models are accurate enough for many engineering purpdsss compared to FE
models.

In paper IV FSM is used to model the structural flexibility af@mplete knuckle boom
crane. Here the pedestal, the inner jib and the outer jib ateaesd to dominate the over-
all flexibility of the crane and the remaining structural mmesrs are modeled as rigid.
The three flexible members are divided into a significantlydonumber of segments
than the one in paper I, but stiffnesses are approximatdteisame way.

The damping is also considered and determined using theagpdescribed by Mostofi
(1999). With this approach damping parameters are detedrby means of predeter-
mined stiffnesses and stiffness multipliers which depenthematural frequencies and
viscous damping ratios of the considered structures.

For this model the stiffness and damping parameters areratdd along with the stiff-
ness of the hydraulic oil (bulk modulus) in the third step loé verification procedure
described in the introduction of this chapter. In order toieee a satisfactory correspon-
dence between simulations and experimentally obtainedtsebe structural stiffnesses
are reduced to almost half of their approximated values laadlamping parameters are
nearly doubled.

The reason for this significant difference between approtéchand calibrated parame-
ters is that a lot of the flexibility and damping of the realtsys is not included in the
model. Only half of the structural members are modeled asillexbut the remaining
members and the foundation of the crane obviously also ibomgrto the overall flex-
ibility. This also affects the overall damping of the modedabesides the structural
damping, connections between the members will also offer s@ngmhg in terms of
friction.

The simple parameter approximations may be reasonable wiresidering structural
members individually, but for multi-body systems with un-gheted dynamics, calibra-
tion of flexibility and damping parameters is required. Ime of dynamic behavior
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the low number of segments also seems to be acceptable aadangerimental result
are available for model calibration. In paper IV the staghavior, i.e., deflections of
flexible members, of the mechanical model is not investdjateit is less important for
the purpose of the model. However, due to un-modeled flexibihty law number of
segments, a relative poor accuracy in terms of static behavio be expected.

3.2 Hydraulic Components and Systems

While the model of the mechanical system is based on phy@idate-box) modeling,
the motion control system model is mostly based on semiipal@rey-box) modeling.
The main reason for this is that manufacturers of hydradmmonents do not provide
enough and sufficiently detailed information to establiblggaical models. In addition,
physical models of the phenomena related to tribology andl fechanics within valves
and actuators will quickly become too complex and computatidemanding for sys-
tem simulation. Therefore certain model structures haweetassumed which allow for
simplifications without ignoring or underestimating imgont physical phenomena.
For modeling of hydraulic components, DCVs, CBVs and cylinderge been the main
focus as these are the most important components in motiainot@ub-systems such
as the one shown in Fig. 2.3.

Hydraulic valves are generally modeled as variable orifical liviear opening charac-
teristics:

Q=& -Gy \/Dp (3.3)

Hereé is the relative opening of the valve, i.e., a dimensionlasslver between 0 and
1. It can be a function of system pressures or controlled witmput signal depending
on the considered type of valv€ is the volume flow through the valve adg is the
pressure drop across it.

The flow coefficient in (3.3) can be expressed as:

Oy =Ca-Aa- 1| — (3.4)
Poil

The discharge coefficienty, and the discharge aredy, are usually not specified for a
valve. InsteadCy can be obtained from characteristic flow curves given in thestiatat

of the valve. From this, a nominal flo®@,om corresponding to a nominal pressure drop,
Apnom Can be identified and used to derive the flow coefficient:

Qnom

&= vV APnom

(3.5)
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This corresponds to the fully opened state of the valve, s (8ii3) it is assumed that
the discharge coefficienty, is constant and only the discharge aka,varies with the
relative opening of the valve.

This modeling approach works well for DCVs with closed loop sgommdition control
where dither is used to eliminate static friction and certksign details are used to
reduce the disturbances from flow forces.

In some cases the approach may also work for pressure cwoatvek like CBVs. Most
often though, attempting to establish physical or semisgtaf models of such valves
will encounter a number of challenges, e.g., related toidémcand resulting hysteresis,
non-linear discharge area characteristics, varying digghcoefficients and varying flow
forces. Therefore, a better way to model those types of gatvay be to use a non-
physical (black-box) approach as described in sectior23.2.

The following sub-sections describe the modeling techréqmplied for DCVs, CBVs
and hydraulic cylinders.

3.2.1 Directional Control Valves

Modeling of DCVs has been investigated numerous times and mftine mentioned
software packages have generic models of 4/3 DCVs includeckimtidel library. But
because these models are generic they do not necessaviigigpeosatisfactory descrip
tion of all the details of a specific DCV. In papers I, 1ll and B/tailor-made model
of pressure compensated DCVs is presented. In paper |l thefigteuof the model is
discussed and in papers Il and IV a slightly different modelsed.

The main focus of paper Il is the dynamics of pressure congiedsDCVs and how
to investigate this experimentally. An approach for fregryeresponse testing of such
valves is presented and as a case study a commonly used DCB&WG32, is con-
sidered. The test results reveal a bandwidth of not more tién) &hich is significantly
lower than for industrial non-compensated servo valves.

For DCVs it is common to define the bandwidth as the frequency apBfse lag in

a Bode plot. This differs from the traditional definition ds& control theory where
the bandwidth is defined as the frequency at - 3 dB magnitude. nf&in reason for
using the frequency at 9@hase lag may be that it is a more reliable point of reference.
Secondly, the dynamics of DCVs is classically modeled as anseooder system and
therefore the bandwidth is equal to the natural frequency fmethe model. As seen
from the test results in paper Il, a second order system iamaiccurate representation
of the valve dynamics. However, up to and around the frequen®@aphase lag, a
second order model corresponds quite well to the test results

A more accurate description of the valve dynamics can besgetiby using a third or-
der system, as it has been shown by Tgrdal and Klausen (2013).vEiQwas involves
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more parameters to be determined. In this work it is geneeslsumed that a second
order system is sufficient.

The model in paper Il also uses a second order system to egpriee valve dynamics.
The main spool is modeled as four variable orifices and fo@nop functions which
represent the relation between a normalized spool positgmak(output of the second
order system) and the opening of the orifices that repreberggool edges. The pres-
sure compensator is also modeled as a variable orifice wittpaniing function based
on a pressure equilibrium. In papers Ill and IV the compesrsatodel is replaced by
a simple function that only requires one parameter, thespressetting of the compen-
sator, which is usually known. Although this representatiory i@ conservative, it is
considered to be a more reliable modeling approach andhefumiore, it eliminates the
need to model the volume between the compensator and the pawh $his is usually
a very small volume which may generate stiff models. By exdgdhis volume, the
model therefore becomes less computational demanding.

3.2.2 Counterbalance Valves

Due to their tendency to generate instability and generalllatory behavior, model-
ing and use of CBVs have been subject to quite extensive sgdiyakawa, 1978),
(Overdiek, 1981), (Persson et al., 1989), (Handroos et 831 4Chapple and Tilley,
1994), (Ramli et al., 1995), (Zahe, 1995), (Rahman et ab/)9Lisowski and Stecki,
1999) and (Andersen et al., 2005). As previously mentionegsipal modeling of
CBVs is often complicated by unpredictable physical behaaial lack of model pa-
rameters. In papers Il and IV two different CBVs are consdeind modeled with two
different approaches.

In paper Il a simple semi-physical model is used. It cosstdta variable orifice for
which the opening is determined by a pressure equilibriumiodts not take phenomena
like friction and flow forces into account, but it is experimally verified that the model
is accurate enough to describe the steady-state behawioe obnsidered valve.

In paper IV a novel non-physical (black-box) model is depeld and presented. The
model uses two different pressure ratios to compute the fioaugh the valve together
with a number of parameters that must be experimentally oted. Ideally, these
should be identified through a thorough mapping of the flowugh the valve for dif-
ferent pressure combinations at the individual ports. Alévely, as it is done in the
paper, they can be determined with parameter identificagicmtiques and suitable mea-
surements from the system where the valve is installed.

The parameter identification represents the second step tlegification procedure in-
troduced in the beginning of this chapter and is carried guhbans of an optimization
routine that minimizes the deviation between the measureddial the simulated flow
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through the CBV. For the considered valve it is not possiblese a semi-physical model
as in paper Il and only with the developed black-box moded passible to model the
real behavior with sufficient accuracy.

3.2.3 Cylinders

Modeling of cylinders and cylinder friction has been invgated numerous times and
also for cylinders generic models are available in simatatioftware packages.

The friction in the cylinder is quite complex, especiallypand zero velocity. As de-
scribed in Ottestad et al. (2012), it consists of both statd @oulomb friction as well
as velocity dependent and pressure dependent friction hwhay be described with a
model of five parameters. Even though the model is not verypbexnthe number of pa-
rameters represents a problem because they cannot be et rwithout an extensive
experimental study of the considered cylinder. Consedyesnt even simpler model
must be used as it is done in papers Il and IV.

In both papers the friction force is modeled as a staticifncand pressure dependent
friction. In paper Il experimentally determined paramstifom Ottestad et al. (2012)
are used, as cylinders of equal size are used in both papensaper IV the friction
model parameters are identified during the first step in eatibn procedure described
in the introduction of the chapter and is carried out by medr@s optimization routine
that minimizes the deviation between the measured pressuwesfand simulated pres-
sure forces for the considered cylinder.

In terms of steady-state behavior the simple friction ma#Ems to be sufficient for
hydraulic system design. The simple model is acceptablausecthe system behavior
around zero-velocity of the cylinder is less important.
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Design and Optimization

The usability of dynamic simulation has increased rapidlyirth the last decade and
IS becoming a popular design evaluation tool in many indesincluding the offshore
industry. Naturally, the reason for this is the developmérsirmulation software pack-
ages, as the ones mentioned in the previous chapter, cotnittethe computational
power and availability of modern PCs.

In other industries, like the automotive and aerospacesinigs, simulation has been
used for several decades and today it is an integrated paneodesign process. In
that perspective, the offshore industry has yet to develdge main reason for this is
probably that the offshore industry historically has rélirostly on experience and less
on academic skills. Another reason is that products are meghdtandardized. New
products are often delivered, practically as prototypes, eéisting products are often
delivered with modifications. This requires time consumiragknand a lot of experience
and at the same time the required time-to-market is corgtiaging reduced.

This only promotes the need for model based design appreachere virtual proto-
types can be used to evaluate a design in order to avoid resstakaking better and
faster decisions and optimize solutions. Design of offsteaypgipment like a knuckle
boom crane is obviously an iterative process involving giesif the mechanical system,
the hydraulic system and the control system. In reality, veweletailed design of these
systems is carried out separately as concurrent actiatelswith constraints imposed
by a conceptual design. The conceptual design is then tewisgiit later proves to be
unsuitable.

This approach leaves a potential for several design chahgeyy the individual design
activities which affect other design activities becausegtesf the individual systems
depend on each other. Having parameterized simulation maddlprocedures for post-
processing of simulation results for the different desigtivéies will certainly be both
helpful and time saving.

23
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4.1 Hydraulic System Design

The task of designing hydraulic systems involves two mativiéies; choice of system
architecture and sizing/selection of system componerts.fifst one is often based on
design rules and experience with suitable architecturethioconsidered application.
Selection and sizing of the system component is an iterptiveess because the choices
of the individual component affect each other. Changesrdagg types and sizes of
components may need to be made after the first design iteratid even a change of
system architecture may need to be included in the followiagtions before arriving
at a satisfying design. To reduce the number of iteratioagidsign process can be set
up as a systematic and stepwise procedure based on simplg-stage considerations
and empirical design rules. An example of a general procedutescribed by Stecki
and Garbacik (2002).

For a piece of offshore equipment like the knuckle boom ceasteady-state procedure
for design of the hydraulic system typically consists offibléowing steps:

1. Selection/sizing of actuators.
2. Selection of directional control valves.
3. Selection of pressure control valves, e.g., countenigalaalves.

This is described in further details in paper Ill. Furthermy@ipelines and any protective
components such as shock and anti-cavitation valves atbtoebe sized. HPU design
including selection and sizing of pump(s), sizing of res@rvdesign of cooling sys-
tem and selection of filtering system could represent amlthli steps in the procedure.
However, since the HPU is used to supply several machines, tesigned through a
separate procedure based on the requirements and opearatieg of all the machines
it is used to supply.

With steady-state design procedures, components caivedyatasy be sized to ensure
sufficient force/torque and speed for control of the congiddunction. However, dy-
namic characteristics such as stability and accuracy ¢dreaddressed through such
procedures.

4.2 Use of Simulation Models

The only way to investigate the dynamic characteristics ®fsiem before it is build, is
to develop a model with the techniques described in the pus\dbapter and to simulate
the relevant operating cycles and conditions. For motiartrobsystems, like the one
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shown in Fig. 2.3, the components that influence the dynanhewer of the system
are the CBV and the DCV.

Among other parameters, the one that affects the stabiktyrthst, is the pilot area ratio
of the CBV. Usually it is set high for energy efficiency purpesad only lowered if
the system becomes too oscillatory. The accuracy of anretagdraulic closed loop
control system is affected by the DCV bandwidth, but also lesdgrollable parameters
like actuator friction, hose/pipe volumes and the effexttiffness of the system.

In paper Il stability issues are addressed by considermgnainal design of an electro-
hydraulically actuated crane boom which is inherently upistaA concept for reducing
the oscillations in the system during load lowering is présérand subjected to a de-
sign optimization. The concept is based on increasing tlo¢ @iea ratio of the CBV,
as opposed to the classical approach of reducing it, andwigug the return edge of the
DCV in order to increase system pressures and force the CBWeD fully. By forcing

it to open fully, it works as a fixed orifice and the basic ostdly behavior related to
the CBV is removed.

The concept is also compared to a concept of throttling both thie CBV and the re-
turn edge of the DCV. For both designs optimal design parasete identified using
the Complex method, (Box, 1965), and their feasible load)yearare identified. The
results show that throttling with both the CBV and DCV will re@uascillations in any
case and that this concept is the best if large load rangds deehandled. However, if
smaller load ranges are to be handled, the concept of fothe@BYV to open fully is
the best solution because the unreliable behavior of the SB&moved.

The applied optimization method, the Complex method, has lised several times for
design and optimization of hydraulic systems, e.g., by Kitual.e(1991), Andersson
(2001) and Hansen and Andersen (2001) and has the advantagmgfféast and easy
to implement. The method is based on repetitive substiiutiothe worst design in a
design population, typically twice the size as the numberesigh variables, by reflect-
ing the point representing the worst design through thercehof the remaining points
in the design space. This process is repeated until a cawvesgcriterion is met; i.e.,
the points in the design space are gathered around the samgtpe optimum, within
some tolerance.

For optimization of hydraulic systems, non-gradient basetdhods such as the Com-
plex method and genetic algorithms are often used, proltmususe it is relatively easy
to evaluate the design with a simple performance index, whachbe obtained on the
basis of a dynamic simulation. The main requirement, whengusimulation for de-
sign optimization, is to have a procedure for design evadoat.e., post-processing of
the simulation results. For hydraulic systems, a good nahdesign can usually be
obtained based on systematic steady-state design presgtkaving only a few param-
eters to be optimized. The final tuning may then simply beedwut by means of brute
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force optimization, where the designer is changing the dgstgameters manually.

In paper V the influence of the DCV bandwidth and ramp signalsresstigated. An
often referred design rule states that the bandwidth,of the DCV should be at least
three times higher than the natural frequenayy,, of the hydraulic-mechanical system
it is used to control, (MOOG, 2012):

This applies if the valve bandwidth should not affect the alldvandwidth of the total
system consisting of the valve and the hydraulic-mechésystem it is used to control.
Furthermore, it applies for servo applications where faspoase and high precision
is required and where non-compensated DCVs are used. By cangidesimplified
representation of a DCV and a hydraulic-mechanical systexm gecond order systems
in series), it is shown that when applying (4.1) then the olVeeidwidth of the system
will not be less than 90 % of that of the hydraulic-mechanigatam.

In the paper it is also investigated how the natural frequeag, affects the system’s
ability to follow a reference motion. By considered the ramgpof a simple mass-
spring-damper system a rule of thumb is derived which setsvarltimit of the ramp
time, t;, of the reference signal for the system:

6

ty > o (4.2)
To investigate how well this rule of thumb applies to a reatesys like a knuckle boom
crane, the experimentally verified model from paper IV issidared. First a map of
how the natural frequency of the crane varies with the cylihelggths is generated. The
map is used to identify a relevant natural frequency to beidemned for design purposes.
Next the model is used to simulate the position error for wegiamp times and DCV
bandwidths.
The simulations show a similar effect as seen for the massgsgamper system. The
relative error increases significantly fipr wnm < 6 at least forw, > whm. Furthermore,
the relative error is doubled by choosiag= 2- w,mand tripled forw, = whm compared
to the ideal situation ody, = 0. Only minor improvements are achieved tay> 3- whm.
The results seem to support the design rules in (4.1) anjl (4.2
The simulations also show that the maximum position errahteost independent of the
ramp time and only depend on the DCV bandwidth. This indicatesitthiae relative
error is irrelevant, then the ramp time does not need to kentako account. However
too short ramp times may cause instability while too long rdimes increase the max-
imum reference velocity and consequently the required flow.
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The simulation results confirm the validity of (4.1) and (4a2d usefulness as general
design rules. However, the selection of these design paresradteays depend on the

acceptable error level for the application to be contradied for offshore knuckle boom

crane the investigated design rules may be too conservaiyeerequisite to evaluate

this is to have a simulation model, like the one describechep IV.
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Chapter 5

Conclusions

In this dissertation methods for modeling, parameter ifleation, design and optimiza-
tion of a selected piece of offshore pipe handling equiprreekihuckle boom crane, have
been put forward. Most of the modeling methods are genedhtan be used for other
types of hydraulically actuated cranes. Some of the desigghaoals are also general and
can be used for many types of electro-hydraulic motion cbislystems. A part of the
design methods, though, are specifically targeting ofiskauckle boom cranes and are
not suited for other cranes like onshore cranes, simplyussdesign requirements are
different.

The presented methods are developed to accommodate theaidled system designer.
They take into account the challenges encountered by thersydesigner such as lim-
ited access to component data and time available for modela@ment by applying a
level of modeling detail that is suited for system design.

5.1 Contributions

The main challenge of modeling mechanical systems like &lideuooom crane is to
include the structural flexibility in an appropriate way. paper | the finite segment
method (FSM) is used to model a single crane boom. The fingmeat (FS) model is
compared to a finite element (FE) model and very good conforfortypoth static and
dynamic behavior is achieved. Even though FSM does not septestate of the art of
flexibility modeling, this paper shows that FSM is both effitiand sufficient for mod-
eling for system design.

This is confirmed in paper IV where FSM is used to model struttigazibility and
damping of a complete knuckle boom crane and experimerdhthined results are used
to calibrate and verify the model. In the paper, approaahesgdproximation of flexibil-
ity and damping parameters are also presented. However,jghem®meters usually have
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to be experimentally verified and, as it is shown in the paperniot uncommon that the
flexibility parameters must be reduced by a factor of two and versa for the damping
parameters. Naturally, the reason for this is the un-modégibility and damping that
Is inconvenient or too difficult to introduce separately.

For modeling of directional control valves (DCVs) the main ligrege is to include a
sufficiently accurate representation of the valve dynamithis is often modeled as
second order system, as it is in paper Il. However, for manyeglike pressure com-
pensated DCVs, information about dynamic performance is vaitadle and have to
be experimentally determined. In paper Il an approach &gquency response testing is
presented and it is shown that a second order system is odyt@blescribe the valve
dynamics up to and around the bandwidth of the valve. Howeverjgtsgfficient for
system design purposes.

For pressure compensated DCVs another challenge is the mgadélihe pressure com-
pensator. In paper Il one suggestion is given and in papeendt IV an alternative
model is used. The alternative model include less parasatet is less computational
demanding. This is an example of always looking for a besttfma within modeling
for system design.

With respect to modeling, as well as system design, couriterba valves (CBVS) are
some of the most difficult components to handle. In some casgscidn be modeled
with rather simple semi-physical approaches, but oftenléads to a number of chal-
lenges, e.g., related to friction and resulting hysteremislinear discharge area charac-
teristics, varying discharge coefficients and varying floncés. In those cases the only
option may be to use a non-physical (black-box) approachesre presented in paper
V.

Using this black-box model the steady-state behavior of tresidered CBV is simu-
lated with an accuracy that is not possible to achieve with a-pégsical model. The
disadvantage of the black-box model is that it relies onséymmrameters that have to
be experimentally determined. However, sufficiently acaurabdeling of CBVs will
probably always require some sort of experimental work.sT$ialso shown in paper
[ll, where a semi-physical model is used.

In general, modeling for system design of a knuckle boomegranll require experi-
mental work for model verification. In paper IV a stepwise agah for calibration and
verification of a complete crane model is presented. In eteghseparate sub-models
are considered and both optimization techniques and mamiag is used identify un-
certain parameters. This approach may be generalized addarsverification of other
types of systems as well.

In paper Il design and optimization of hydraulic systemdigcussed. It is shown how
to arrive at a nominal design with relatively simple steathtesconsiderations and how
simulation can be used to analyze dynamic system behavierothe major challenges
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with hydraulic systems containing CBVs, is to avoid instap#éind ensure an acceptable
level of oscillations during load lowering. A new method feduction of oscillations is
discussed and subjected to a design optimization using dhep&x method. The new
method is compared to a more classic method and it is contltinde the new method
Is the most suitable for offshore knuckle boom cranes.

A central challenge in hydraulic system design is seleadoDCVs and to specify the
required bandwidth of the valve. In paper V simple design ritesrequired DCV
bandwidth and minimum ramp times for input signals are preeskand discussed. An
experimentally verified simulation model is used to invgestie how these parameters in-
fluence both relative and absolute position errors for actelenydraulic motion control
system.

The investigations confirm the validity of these simple dasules. It is also clear that
required DCV bandwidth and minimum ramp times always depentheracceptable
error level for the specific application. For offshore knigckoom cranes these design
rules may be too conservative, however, a prerequisite ¥@stigating this is to have a
reliable simulation model.

5.2 Outlook

The main challenge for any model based design approach lteswie ability to pro-
duce simulation models that, with a reasonable precisi@mlale to mimic the behavior
of the real system to be designed. Throughout this disgantahd the appended papers
a number of modeling challenges have been addressed. Whbse aohthem involve
existing modeling techniques and mainly aim to identify tequired level of modeling
detail, also novel modeling techniques have been presékeeithe black-box model for
counterbalance valves presented in paper IV.

The model yield encouraging results in terms of steadyegiahavior and it may very
well be used for other types of pressure control valves as \WeNvever, there are still
iIssues to be investigated in relation to the applied modedipproach. They include
phenomena such as dynamic behavior and the influence ofrégisteThis will require
more experimental work and, in general, an approach for mgpy valve characteris-
tics is needed.

A major challenge in the offshore industry is that there aneyVimited opportunities to
build prototypes for design verification. This of coursemuages the use of model based
design approaches, although it is difficult to verify moded$ore any real systems have
been realized. Even then, it may be difficult to carry out expental studies required
for model verification due to cost and time constraints. €f@e there is a need for
procedures for both model validation and verification whichrnibt require full scale
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experimental work. Such procedures may be based on scalel nestls or testing of
individual components and mapping of their charactessi it is suggested in paper |l
for directional control valves.

Design of hydraulic systems should always be based on souadysstate considera-
tions before attempting to carry out design optimizatiomc8 system design is often
based on existing system architectures the remaining ptrégob, the component siz-
ing/selection, could be automated or standardized byngetip systematic procedures
and using parameterized steady-state models. The use afilyisimulation models
for design optimization could also be automated. Howevegy difie initial design pro-
cedure there are often only a few parameters left to be opgitnand the potential gain
for automating this procedure is relatively low. The mospartant value is to have a
dynamic simulation model that can be used as a design ei@iuabl.

Introducing new actuation technologies such as separaterdimeseparate meter-out
control and digital hydraulics represent a higher poténtian automated design, be-
cause they have the potential to improve or even eliminaiblpms related to stability
and efficiency. However, they also represent a higher risk@meck again, the best way
to reduce those risks is to utilize dynamic simulation fasige evaluation together with
an appropriate amount of testing and model verification.
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Crane
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Department of Engineering Sciences

Faculty of Engineering and Science, University of Agder
Jon Lilletunsvei 9, 4879 Grimstad, Norway

Abstract — In this paper emphasis is on modeling of the flexibility of thféedent main
structural components of an offshore knuckle boom crane.ribdeling approach uses
results from finite element analysis of the structural congmis to calibrate a multi-
body dynamic model of the crane. The calibration is a paramdaetification that
minimizes the deviation between the static and dynamic heha¥ the finite element
model of the beam-like jibs of the crane with that of lumpedrbenodels. The latter
approach allows for an efficient simulation of tool point gohschemes that takes into
account all important structural deflections and vibragion

Keywords — Hydraulic crane, multi-body system mechanics, lumped bewmdel.
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1 Introduction

The ongoing competition between manufacturers of hydralljiactuated offshore equip-
ment continuously sets new references for main performpac@meters such as price,
payload and reach, controllability, weight, efficiency aatiability. Since development
time and costs must be kept at a minimum this leaves the desmjneer in a challenged
position typically facing a complex task of a strongly dyna@aind multidisciplinary na-
ture. As already pointed out in Palmberg (1995) computerdtse domain simulation
and optimization techniques are potentially excellentstdor the challenged designer
in the iterative design phase. Another important parametgecerning said equipment is
model based condition based maintenance (CBM). The aimsofvbrk is to investigate
the possibilities of using time domain simulation on thedaydic-mechanical system of
hydraulically actuated cranes with a view to obtain comporal efficient models that
are sufficiently precise to be used both online but also aagndistics tool in CBM.
There are many factors that influence the performance oflyidrcranes. The mechan-
ical structure of a boom causes gravitational and ineradso Friction forces may also
be significant, especially in a telescopic manipulator. Ardaylic crane uses full stroke
control and is subjected to hard non-linearities, time vayyparameters, external dis-
turbances, a number of saturation phenomena and coupfegsénd even though the
hydraulic system in principle is quite simple, dynamic geshs may appear in practice.
To avoid cavitation and for safety reasons, often the maattmal way is to use coun-
terbalance valves. The influence of load pressure vargborthe velocity of the actu-
ators may be eliminated in several ways, Andersen and Han66t )2but the simplest
method is to apply a pressure compensated proportionat velewever, the combina-
tion of these two hydraulic valves will often decrease theibtalnargin significantly.
Hence, a certain pressure feedback/load dependancy ordshiggn manipulations of
the individual hydraulic circuits are often introducedfepted in one or more of the
main cylinder functions. In terms of kinematic structuriee hiydraulic cranes can be
treated as mechanisms made of several stiff and flexibls lnokinected with revolute
joints. From the point of view of topology, the manipulaterglobally an open kine-
matic chain, with locally closed kinematic chains from theesing and control systems
in the shape of cylinders and dyad links. Closed loop comtfq@ipe handler cranes is
rapidly developing. Position and pressure transducergemerally accepted and fully
integrated in tool point control.

An important question is whether models with an acceptable aatliliaccuracy may
be established without excessive testing and tuning of sitioul parameters. Previous
work, Mikkola and Handroos (1996) and Ellman et al. (1996% $taown very encour-
aging accuracy of models on hydraulic driven boom mechasisithere are several
parameters associated with the modeling of an entire hyidrenaine that are difficult to
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estimate and measure, see for example Ebbesen and Hanséph4d2d1Pedersen et al.
(2010). They include damping, friction, flexibility and bdash in both the hydraulic
and mechanical components. In this paper the importancectiding the flexibility
of the structural parts are investigated and an approachetdlexibility modeling of
the beam-like arms that are present in any hydraulic crapati$orward. A so-called
knuckle boom crane used for pipe handling is used to exeypig approach. For such
a crane there might be different failure mechanisms botitedl|to the hydraulics and
the mechanics. The dynamic response of the crane booms dypérgtion can be a
significant indicator of a number of wear and fatigue phenanen

2 Considered System

Knuckle boom cranes are used for a wide range of offshore anchenaperations and

therefore exist in different variations. The consideregheris used on a drilling rig for

handling of the drill pipes.

Considering the crane as a general mechatronic system,different sub-systems can
be identified:

1. A mechanical system providing the geometric and load/cagiproperties.
2. A primarily hydraulic actuation system driving the mecicahsystem.
3. An electronic control system for control of the crane tiglothe actuation system.

The main components of the mechanical system are a rotaimgypunted on a pedestal
with a slewing bearing in between, an inner jib, an outer jib agd@ping yoke for the
pipe handling. See Fig. 1.

Rotating Part

Slewing Bearing

16m

Pedestal

S
ki Pipe Deck

Y

Figure 1: Main components of the cranes mechanical system.
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The hydraulic system consists of three primary circuits for
1. Tilting of the inner jib.
2. Tilting of the outer jib.
3. Slewing of the crane.

Furthermore it contains some secondary circuits for omeaimd closing etc. of the
gripping yoke, which are not considered here. A total modehefcrane is described
in detail in Bak et al. (2011). In the following the modeling thie outer jib is given

special attention since it qualifies as a structural compoweere the flexibility should

be taken into account.

3 Modeling of the Outer Jib Flexibility

The outer jib is a beam-like structure, see Fig. 2, that iekiatically connected to the
inner jib via a revolute joint, point A. The rotation around #pas of the revolute joint
is controlled by means of two double acting hydraulic cyéirglin parallel that connect
to the outer jib in a spherical joint, point B. The axis of tlewalute joint corresponds
to the y-axis of the local coordinate system attached to thergib, see Figure 2. The
gripping yoke is connected to the outer jib via a hydraujcdamped universal joint at
the tip of the outer jib, point C.

The shape of the jib roughly reflects the bending moment irsthecture and increases
in cross section dimensions from the revolute joint to thessrsection at the cylinder
connection. Thereafter, the cross section gradually dserein size until the end of the
jib where the gripping yoke connection is attached. Seen #i®ulid mechanics point
of view the outer jib may be thought of as a beam that is hinggabint A and simply
supported in point B when considered in the xz-plane, and as@&ver beam fixed in
point A when considered in the xy-plane.

3.1 Finite Element Model

Finite element analysis is a widely accepted method for tideflections, stress, strains
and vibrational analysis of structural parts. This methad heen used to generate a
precise picture of the flexibility of the outer jib and to asfaundation for the calibration
of a more simple lumped multi-body model.

The finite element analysis comprises different linear ysed of the outer jib. The
outer jib is modeled as a plate structure with cross secti@naforcements at different
intervals. The physical model is built up by plates with difiet thickness, however,
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Inner jib

A = revolute joint

y

Hydraulic cylinders

B = spherical joints

Outer jib

C = universal joint

Gripping yoke

Figure 2: Outer jib of crane and its surrounding components.

for this study the element model applies equal plate thiskrd 10 mm for the whole

structure as the purpose of the analysis is to calibrate peédrmodel rather than do an
experimental based verification. This simplification is giyntransferred to the lumped
model.

The element type used is isotropic triangular plate elemgriuding both membrane
and bending capacity. The material properties used in thlysis are listed in Table 1.

Displacement restraints are applied to the model at the loddishof the revolute joint

Table 1: Finite element model parameters.
Young’'s modulus =210 GPa Shear modulus = 82 GPa Poisson’s rai8=0

where the outer jib is connected to the inner jib as presemdddg. 3. These nodal
points are restricted to translate in radial and axial dioes according to cylindrical
coordinate system with center for each bolt hole.

A number of different load cases were applied to the finite el@mmodel including:

e A static load of 10 kN in the y- and z-directions, respectivapplied at point C.
e A static torque of 6.6 kNm around the x-axis, applied at point C.

e Eigenfrequency analysis.
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Figure 3: Boundary conditions applied to outer jib.

3.2 Lumped Model

In a lumped model the mechanical system is modeled as a ch&iD-agid segments
kinematically attached to each other by means of kinemaititg. The main advantages
of lumping a beam in a multibody simulation model are:

e Simple model development from cross sectional data.
e Possible to use standard joints and rigid bodies availalibraries.

e Possible to apply external loading anywhere on the beam likgoooent via the
rigid bodies.

e Possible to discard unwanted degrees of freedom.

The individual segments are modeled as rigid bodies withiastal springs that may be
attached to the two neighboring bodies. The original workimithis area was carried
out by Kane et al. (1987) and Huston and Wang (1993).

For bending the segment stiffness is:

ks = ——— (1)
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Where E is the Young’s modulus, | is the area moment of inari@L is the length of
the segment.
For torsion the segment stiffness is:

2-G-1lp

ks = 3 (2)

Where G is the shear modulus, Ip is the polar moment of inartéiL is the length of
the segment.
If two segments are connected, then the resulting conmestiffiness is:

e = 3)

ka: T Ksz

Where kS,1 is the stiffness of the first segment and kS,2 istiffaess of the second
segment of the connection.
If the segment is the first or last segment of the beam thergraipg on the physical
connection between the beam and its surroundings, theao#htprings may either be
connected to a fixed interface or to nothing yielding thediwlhg possible connection
stiffnesses at the beam ends:

ke = ks fixed

ke=0 free

In the current work the kinematical connections between égenents discard the po-
sitional degrees of freedom thereby avoiding a stiff mod&lso, the force from the

hydraulic cylinder (point B) is easily applied to the thirégsnent as an exterior force.
The segmentation is shown in Fig. 4.

The outer jib has been divided into nine segments but thisbhenroan be reduced for
most practical problems. The topology of the segmentatolisied and in Table 2.

The segments have tapered rectangular hollow cross seckonsimplicity an average

(4)

Table 2: Topology of segmentation of outer jib.

OJ segment Previous body  Next body Previous joint  Next joint

S1 Last 1J segment S2 Revolute joint Spherical joint
S,i=1.8 -1 S+1 Spherical joint Spherical joint
S9 S8 Gripping yoke Spherical joint Revolute joint

value of the stiffnesses of the segments was used, so thiatsegenent had a single
value for each of its three stiffnesses. In Table 3 the difiesegment and connection
stiffnesses are listed.
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Segmentation of outer jib. The local coordinatetey of segment 5 (S5) is

Table 3: Stiffnesses [MNn/rad] of outer jib segmentationrfominal lumped model.

No. I[m  ksx ksy ksz K2 K& K K OKEY ke
S1 Q7 2300 3100 2940 2300g,, 0 504 2940 oo
S2 205 1310 2180 1250 o, 1670 877
S3 1045 3830 7140 2910 984 1820 265
S4 25 1330 2440 1040 ., 886 £30
S5 25 943 1390 1080

363 613 318
S6 25 590 1100 450 g 442 177
S7 25 374 687 292 80 139 21
S8 4653 102 174 93 . 109 61
S9 14 179 294 177 179 0 0

3.3 Comparison and Calibration

In the following the main results from the finite element moaed the lumped model
are compared. Two different lumped models are displayedntminal that is derived
directly from cross sectional data, see Table 3, and a eaidrmodel that is tuned so
that the two fundamental eigenfrequencies corresponétothhe finite element model.
The calibration has been performed by simply scaling thengeq rotational stiffnesses
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with the same scaling factor. Hence, only two calibration peaters were introduced:

Sxi = Ksxi
ksyi = 1.05- ksy; ()
Kz = 0.96- sy

Wherei = 1...9 and * indicates the calibrated model.

In Fig. 5 the deflections of what approximates the neutral akihe beam are shown
for the 10 kN static load cases.

Further, in Table 4 the two lowest eigenfrequencies of theehatk listed. The cor-
responding eigenmodes are the fundamental bending motie kytplane and the xz-
plane, respectively.

The non-calibrated model has some deviations from the fehent model, however,
they would be acceptable for most engineering purposesh &ielatively simple cal-
ibration it is possible to adjust the fundamental eigenfegegies quite close to that of
the finite element model. The deflection curves show a monequnaced deviation, es-
pecially in the out-of-plane direction, i.e., in the xy-pé&a Since the effect of adding
the flexibility of beams in simulation of hydraulic craneseigpected to have most sig-
nificant impact on dynamic results the main target of thebcation has been to fit the
eigenfrequencies and the static deflections have beerdewadisecondary because they
fit quite well. If the static deflections had shown a larger diégwafrom the finite ele-
ment model, the calibration might need to be carried out asl#-griteria optimization
where both deviations from eigenfrequencies as well as stafiections are minimized
simultaneously.

Table 4: Eigenfrequencies of the different models.

Model fyy [HZ] fxz [HZ]
Finite element 21 540
Lumped (nom.) 26 529
Lumped (cal.) 21 540

4 Simulation Results

In this section the importance of adding flexibility of crgies are shown by using the
calibrated lumped model in a time domain simulation modat thcludes the hydraulic
circuit that control the motion of the outer jib relative tat of the inner jib and compare
the results with those obtained using a rigid body model.
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Figure 5: Deflections of outer jib neutral axis versus peagatdistance from B to C
for 10 kN loads in y- and z-directions.

4.1 Hydraulic Circuit

The hydraulic circuit, Fig. 6, consists of a pressure corspted proportional directional
valve, counterbalance valves for controlled load lowerind &vo cylinders.

The control valve consist of a 4/3 proportional directioveive and a pressure reducing
valve representing the pressure compensator. A small wismdded between the two
valves to avoid algebraic loops. The circuit which directs litad sensing pressure to
the spring side of pressure compensator is modeled as aipresssirce and a function
block which sets the value of the pressure source equal toigihest value of the 4/3
valve’s A- and B-port pressures. This does not representdfualsfunctionality of the
load sensing circuit, but since the load sensing presswayalis the highest of the A-
and B-port pressures the result is the same and it simplifeembdel.

The control signal for the valve is modeled as a normalizgdaiwhich can be varied
continuously between 1- and 1 and thereby controlling botl flate and direction of
the hydraulic fluid through the control valve. It is represehby a signal block which
allows specifying the control signal as a function of the datian time.

Each counterbalances valve consists of a check valve fefflivey into the actuator and
a pilot operated check valve which opens at a certain cragii@gsure, in this case 220
bar, for flow out of the actuator. The cracking pressure imigis the value at which the
valve’s A-port pressure is able to open the valve itself. Tdlges/therefore also serves as
both shock- and relief valves with setting of 220 bar. For tle@mfunction the opening
of the valve is assisted by the pilot pressure, i.e., thespresof the opposite side of the
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Figure 6: Model structure of hydraulic circuit for tilting outer jib.

actuator to which the counterbalance valve is connected.pilbepressure lowers the
effective setting of the valve by a factor determined by thet patio, which is 3:1 for
both counterbalance valves.

4.2 Simulation Sequence

To demonstrate the importance of including the flexibilitymodels of multi-body sys-
tems, a simulation is carried out for both a rigid body modwl a flexible model. The
sequence of the simulation is illustrated in Fig. 7 and is ehed by prescribing the
normalized input signal to the directional control valveaasme series. The hydraulic
cylinder is retracted for the first 11 seconds, then held figed seconds before it is ex-
tended to its initial position in 19 seconds. The extra tirsedufor extending is because
of the differential area of the cylinder yielding two diféart gearings between valve flow
and cylinder speed. The simulation model is developed aedut&d using the commer-
cial simulation software SimulatiorfX.

The behavior of the system changed significantly when reqpdgttie lumped model with
a single rigid body representing the entire outer jib. In. Bghe cylinder force is shown
for both cases.

Obviously, the rigid body model predicts instability in theskem during cylinder extrac-
tion. The steady state values are the same for the two simnil@iodels but the dynamic
results and derived values such as vibration level, fategaeare totally different.
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Figure 7: Model structure of hydraulic circuit for tilting outer jib.

150

—Flexible (lumped
—Rigid
1000

N

500

[kN]

cyl

F
o

-500

~100 15 20
t[s]

Figure 8: Variation in cylinder force.

5 Conclusions

In this paper the modeling of flexible hydraulically actuhtranes has been investi-
gated. Emphasis has been on the modeling of the structuxdifity of the outer jib
of a knuckle boom crane used for pipe handling in offshordiegions. An approach
using segments to a 3D lumped model is put forward. A finitenel®t model has been
developed and used to evaluate and calibrate the lumpedln@dmparison between
the finite element model and the lumped model show that aretlngh approximation
of the bending stiffness of the segments of the lumped madkls/quite satisfactory re-
sults both regarding dynamic and static behavior. Also, twipke one-dimensional cal-
ibrations within a few percentages of the nominal model wadbehavior of the lumped
model that for most engineering applications correspoadbdt of the finite element
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model. From a CBM point of view the lumped model seems to be weid for both
diagnostics capable of analyzing large time series with a&ively low computational
effort. Further, the importance of including flexibility the modeling of hydraulically
actuated cranes is clearly demonstrated on the invedliggateckle boom crane. A sim-
ulation model that take into account the hydraulic circuid @he cylinders that control
the outer jib produce totally different dynamic behavior eleging on whether the outer
jib is modeled as a single rigid body or as the calibrated kednmodel.
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Abstract — This paper presents a practical approach for dynamic pe#doce testing

of pressure compensated proportional directional contitMes and parameter identi-
fication for a proposed model of such types of valves. Theoperénce test is based
on the methods described in BS 1ISO 10770-1:2009, Instiy2®09). The proposed
valve model is intended for time domain simulation of hydiamechanical systems
and uses a second order model to describe the dynamics ddilthee As a case study a
Sauer-Danfoss PVG32 is considered.

Keywords — Directional control valve, dynamics, modeling, perforroanesting.
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1 Introduction

Pressure compensated proportional directional contigksg PCPDCVs) were origi-
nally developed for mobile applications with large variagan load pressure and with
the need for load independent flow control. Initially theves were mechanically or
hydraulically actuated, i.e., either directly controllegla handle connected to the main
spool or remotely controlled from a manually operated pilage regulating a pilot pres-
sure to move the main spool. While these actuation typedidnesed, a more common
solution is electro-hydraulic actuation (EHA), i.e., hydrawontrol of the main spool
by means of an electrically actuated pilot stage.

The two most important features of EHA are:

1. Closed loop position control of the main spool by meansliofear variable differ-
ential transformer (LVDT) connected to the main spool and irtegl electronics
with a microprocessor for control of the pilot stage.

2. Dither for elimination of static friction (stiction) betwa the main spool and the
valve housing.

With these features PCPDCVs take upon some of the charactew$tservo valves in
terms of precision and repeatability (low hysteresis), haxevith a significantly lower
bandwidth.

Usually the valves are used in an operator controlled opem ¢omfiguration, i.e., the
operator closes the control loop, without significant banttwidquirements. However,
for both mobile and especially offshore applications, thlves are increasingly being
used in closed loop configurations with more emphasis on thevaiath requirements.
In design of hydraulic closed loop control systems, an irtgpdrdesign parameter is
the bandwidth of the control valve. The bandwidth of the setegtdve, in combina-
tion with the one of the hydraulic-mechanical system to bdrotled, must match the
required bandwidth and dynamic characteristics of the diét@&p control system in or-
der to avoid instability and insufficient accuracy. As a ruléhmmb the bandwidth of
the control valve is recommended to be at least three tinrgerdhan the one of the
hydraulic-mechanical system to avoid reducing the ovéatdwidth, MOOG (2012).
For servo valves, which traditionally have been used forezldsop applications, the
bandwidth can usually be identified by the valve’s datashéas information is gener-
ally not available for PCPDCVs, probably because manufadurave focused less on
this kind of data. Therefore a practical test approach isleéd¢o quickly identify the
bandwidth with a reasonable precision. Furthermore a valvdeinwith a detail level
appropriate for simulation of hydraulic-mechanical syses needed, which includes
the bandwidth of the valve.
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Related work with spool type valves has mainly been devotseteo valves and since
its birth it has been subject to extensive research, recemtvwclude Gordic et al. (2004)
and Liu et al. (2009), however mostly dealing with rather dethkmodeling and anal-
ysis, which is outside the scope of this paper. Similar resean poppet type valves
has been presented in Zhang et al. (2002) and Opdenbosci{22G@0), also including

reduced-order models which is more in line with the work of tlaper.

Previous research on PCPDCVs, focused on semi-empiricalimgdbave been pre-
sented in Kappi and Ellman (1999) and Kéappi and Ellman (2008js paper focus on
retrieving information to be used for modeling and simwatof hydraulically actuated
systems using PCPDCVs for closed loop control. More explitité objectives are:

1. To establish a practical approach for performance @stiid analysis of PCPD-
CVs based on the standardized test methods described in BRA3®-1:2009
Institution (2009).

2. Based on the test results, to perform parameter idertitficéor a proposed valve
model for time domain simulation of hydraulic-mechanicatems.

The paper is organized in the following way: First, a congdevalve is described

and the proposed model is presented. Next, the approachrfgimgpout the tests and

processing the test data is explained. This is followed byesgntation of the test

results together with parameter identification for the peggbmodel. The paper ends
with conclusions on the results.

2 Considered Valve

Within the class of PCPDCVs a wide range of valves are available fnanufacturers
such as Sauer-Danfoss, Brevini Hydraulics, HAWE HydraulicskétaBosch Rexroth,
HUSCO and others. As a case study a Sauer-Danfoss PVG32 is codsitleegpartic-
ular valve is schematically illustrated by Fig. 1 and cotssts:

1. Supply module for constant supply pressure, containipgeasure reducing valve
and a pressure relief valve.

2. Service module for actuator control, containing a loatss® (LS) circuit, a pres-
sure compensator and a main spool with centering spring.

3. EHA module, PVES-SP series 4, and handle for manual actuation.

4. End module.



62 Paper Il

Supply module Service module B A End module
Y L L5 ST
| H .
: i EHA modulef | :
! ? iE o
[ A : Main spoo H: ! I
' W[ TH | E I
. Pressure = o
boL reducing; 1o oo
i {[j\“ gl Pressure >|< ___P_A_@__E)_B___ ! i
: Pressure | Valve i P
! liof i | compen B ; !
! relie i | sator LS circuit !
i valve : — .| pc  Handle i i
. T o
i ! E[A PLs I\_Tj_: ! i
! Ps I T
' o ] !
: | i ER
| : ! i
!. ...... Q= — O_ ..... O—mimee L L _I

T LS P

Figure 1. Simplified hydraulic diagram of considered PVG32.

The pressure reducing valve in the supply module reducesuiyaly pressure to a level
needed for the pilot stage, which is integrated in the EHA madiitee pressure relief
valve protects the pilot stage from pressure peaks.

Via the main spool the pressurpa or pg, on the controlled valve port is transmitted
through the LS circuit to the pressure compensator. The eosgior thereby works as
a pressure reducing valve with a variable pressure settihg.pfe-compression of the
compensator spring corresponds to a pressure of 7 bar; hiempeessure between the
compensator and the main spopt, is always reduced to a level approximately 7 bar
higher than the LS pressuma,s. With a constant pressure drop across the metering edge,
the controlled flow is independent of the load pressure andgstional to the position
of the main spool. For this reason PCPDCVs are also referredlltad independent
A more detailed schematic of the main spool and the EHA moduleéndy Fig. 2.
The four edges, P-B, A-T, P-A and B-T, of the main spool are idahadthough the
two return edges, A-T and B-T, are open in the centered spmitipo. The opening
characteristics of the metering edges, P-B and P-A, arer]inea the cross sectional
opening areas of the edges are linearly dependent of thé gpsiton.

Based on the deviation between the spool position, measutedhe LVDT, and the
control signal, a spool position reference, the pilot stagmntrolled to create an axial
pressure difference on the main spool, causing it to movee filot stage consist of
four on/off valves, two normally open and two normally cldseontrolled by means of
pulse width modulated (PWM) signals. The details of the adr#cheme for the valve
are however out of the scope of this paper. Further informadimout the PVG32 and
the EHA module (the PVE) is given by Sauer-Danfoss (2013).
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Figure 2: Simplified schematic of main spool and EHA module.

3 Valve Model

The proposed valve model is not intended for detailed arsabfsthe valve itself, but
for use in models of hydraulic-mechanical systems for whighibfluence of valve’s
dynamic performance must be included. Therefore the mamks dot include the func-
tionality of the controller and the pilot stage, but insteasimplified representation of
the dynamics between the control signal and the main spodlgmanodeled as a sec-
ond order system. The position of the main spool is represdoy a normalized signal
which can be varied continuously between -1 and 1, with O beingehé&er position of
the spool. The four spool edges are modeled as variableesrifitwhich the openings
depend on the normalized spool position signal.
The model is developed in MapleSih and consists of both predefined library com-
ponents and custom made components. This, as opposed fsalatang the model in
a single custom made component, offers flexibility and ftat#s both re-use of com-
ponents and changes in the model later on. The model stecarit appears in the
MapleSinT™ environment, is shown in Fig. 3. The blue lines are signal lingsstea-
ring only a single state variable. The red lines transfetwtehydraulic state variable,
pressure and flow, between the hydraulic components. Theot@ignal (spool posi-
tion reference)uer, is fed to a second order system, 1, representing the dynaifrtios o
valve:

Uspool 1

Uref a_s:z‘f’Z‘Z'%‘i‘l

(1)

The outputpspeo, IS the normalized spool position signal which is limiteaditgooimin =
—1 anduspooimax= 1 by the limiter function, 2.

The openings of the four main spool edges are representear@ndionless numbers,
UpB, UaT, Upa andugT, Which are functions ofispoo @and with the rangeegge= [0, 1] as
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Figure 3: Structure of proposed valve model.

shown in Fig. 4.
The metering edge P-B opens for positive values of the spasitipn signal, starting
from the overlapQOLpg:

(2)

Uspool—OLpB

0 for Uspool < OlLpp
UpB =
TLPB fOI‘ OLPB < u5p00|

The return edge A-T opens together with the P-B edge, howevéingtat the underlap,
ULaT, modeling the open A-T connection in the centered spool posifibe edge then
opens gradually to the point of o0 = 2- OLpg, from where it opens along with P-B:

0 for Uspooi <ULat
_ (Uspoo—ULaT)-Olpg
UAT - (1—OLP(% ~(—U Lar+2U LAT) fOI’ U LAT < U5p00| < 2 . OLPB (3)
u —OLpB

The metering edge P-A opens for negative values of the spmsilipn signal, starting
from the overlapOLpa:
0 for OLpa<u
Upa = { PA > Uspool (4)

—(Uspool—OLpa)
TI—PA fOI’ Usp00| < OLPA

The return edge B-T opens together with the P-A edge, howdeeting at the underlap,
ULgT, modeling the open B-T connection in the centered spool posifibe edge then
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opens gradually to the point of o0 = 2- OLpa, from where it opens along with P-A:

0 for ULgT < Uspool
_ (uSpOOI*U LBT)‘OLPA
UsT = (1+OLpa)-(ULgT—2-OLpp) for 2-OLpa < Uspool < UlLgT (5)
—(Uspool—OLpa)
T 1fOLpa for Uspool < 2-OLpa

Upp
— = Uat
Upa

— —Ust

~
; : ; o ; ; >
1 -075 -05 -025 !l ! 025 05 075 1 Uspool
ULt » e |
AT e OLpg

Figure 4: Edge openings as function of the spool position.

The over- and underlap values for the model, related to tmealized spool position
signal, are given in Table 1. Assuming turbulent flow acroessgppol edges they can be

Table 1: Model values for over- and underlaps of main spogéed
OlLpg  Ular OLpa UlgT

0.1 -0.05 -01 0.05
modeled as:
Qedge= Uedge Cedge: \/DPedge (6)

Qedge is the flow for the considered edgéppedgeis the pressure drop across it and
UedgelS Opening. Hence, model components 3, 4, 5 and 6 contain (2)4(3and (5),
respectively, to determine the opening of the edge, ana(6dmnpute the flow.

In (6) Ceqgels the flow coefficient of the fully opened edge which can be egped as:

2
Cedge: C:d 'Aedge' E (7)
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C4 is the discharge coefficient, typically in the range of 0.9t@5 for spool valves
with notch-type edges, Borghi et al. (2008)q4cis the cross sectional area of the fully
opened edge anglis the density of the hydraulic fluid. Values Gf andAgggeare usu-
ally not available as catalogue data, however, the flow coefianay be derived from
characteristic curves as the one in Fig. 5.

Characteristic for pressure drop PVB at max. main spool travel
Ap Ap AB —T
psi bar
900
60
800 AA A B \
50 I / Cc D —+—
700 l I
600 40 / E
500 l /
30 /
400 I
300 20
200 I / / L1
10 >
100 Lt
i % Qap
0 20 60 100 140 180 220 lmin
Q A/B
0 10 20 30 40 50 60 USgal/min

Figure 5. Flow characteristic for different spools avakabor the PVG32. Source:
Sauer-Danfoss.

The characteristics of the considered spool is represdiytelde curve marked with E,
which corresponds tGegge~ 36 I/min-ba® ~ 1.9- 1076 m3/s. P&PS.

The LS circuit, which directs the load pressure the compensatincluded in compo-
nent 7 and modeled as a piecewise function:

pA fOI’ uSpoo| < 0

Ps= ¢ ps for O < Uspool (8)
0 otherwise

The model of the pressure compensator is included in conm@é.ike the main spool
edges, the compensator is modeled as a variable orifice witim@ndionless opening
uc = [0,1], i.e., a normalized position of the compensator spool. Based simple
steady-state equilibrium for the compensator spool, sger€il, formulated as a pres-
sure balance:

Pc = pLs+ Po+ (1—uc) - Ke 9)

The opening can be determined:

_ Pist Po + Kec — pc

Ke (10)

Uc
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Po is the pre-compression of the compensator spring, which 197Pa, andK¢ is the
normalized spring stiffness with the urfiRa/—].

The compensator is initially fully open, but will immediatedtart to close and, in turn,
move to a position where the compensated presgdteeaches a level of:

Pc = PLs+ Po+ (1—uc) - Kec ~ pLs+ po (11)

Assuming that the compensator spring has a relatively flabcheristic.
The flow through the compensator, i.e., the throttling frdva supply pressures, to
the compensated pressure:

Qc=uc-Cc- vPs— Pc (12)

Since the characteristics of the pressure compensatoualysot available as cata-
logue data, the normalized spring stiffness, and the flow coefficienC¢, simply have
to be fitted to yield the correct functionality, i.e., redugithe supply pressure accord-
ing to the load pressure to maintain an approximately cohgt@ssure drop across the
metering edge. For this valve model, this is a reasonablestimgpdapproach since the
pressure compensator has been carefully designed to adhisvfunctionality. For this
valve model the spring stiffness has been s&doe= 1-10° Pg/— and the flow coeffi-
cient has been set @ = 1.9-10°° m3/s- P&?, i.e., identical to the spool edge values.
The pressure gradient in the volume, component 9 in the mbdeheen the compen-
sator and the main spool:

e — \% (Qc— Qeg/en) (13)

B is the stiffness of the hydraulic fluidlc is the size of volume between the compensator
and the main spooRpg/pa is the flow through either the P-B or P-A edge, expressed by

(6).

4 Testing and Data Processing

The test is based on the methods described in BS ISO 107004, ihstitution (2009),
which include both steady-state and dynamic performandmgesSufficient informa-
tion about steady-state characteristics is usually giyeth® datasheet of the considered
type of valve, whereas information about dynamic perforneaaanore deficient. This
is typically given as reaction times to step inputs and d@ecas a range of typical val-
ues. As is customary for high-end proportional valves andosealves, the preferred
presentation of the valve dynamics would be a Bode plot, wbarhbe used to identify
the bandwidth of the valve.
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In order to produce such data, a series of frequency respesiseare carried out, where
three signals are recorded as time series data:

1. Control signal (input).
2. Position of main spool (first output).
3. Flow on controlled port (second output).
The test setup is illustrated schematically in Fig. 6. Itsists of:
1. Hydraulic constant-pressure supply unit sepée= 100 bar.
. PVG32 with PVES-SP.
. Parker SCQ-150 flow meter.

2

3

4. NI USB-6211 DAQ board.

5. PC with NI LabVIEW and Virtual Instrument programmed for thepgmse.
6

. DC power supply (not illustrated) for PCPDCV and flow meter.

1
i
I
i
i

o—
!
|
|
|

\

Figure 6: Test setup.

The frequency response is obtained by stimulating the waitrea sinusoidal input sig-
nal and comparing it to the output signals. To investigageditpendency of signal offset
and amplitude the tests are carried out in six differentgese50 % negative and 50 %
positive offset, respectively, and with 5 %, 10 % and 25 % aiugés for each offset.

In each case the frequency of the sinusoidal input signaied from 0.1 Hz and up
to the frequency that results in approximately 1f@ase lag of the output signals. The
variation is a discrete sweep with a step size of 0.1 Hz and with@deng for each step
in frequency.
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As the input signal is sinusoidal and the valve has an apprateiy linear flow char-
acteristic, both output signals, spool position and flow, @lso sinusoidal. To produce
a Bode plot for the entire frequency sweep, the magnitude amghhse lag must be
computed for each step in frequency.

Since the measured outputs are rather noisy they cannotedediurgctly for computa-
tion. Instead of filtering the signals, they are simply appprated with a sine curve:

yA:OA+AA-sin(2-7T-f-t—|—(pA) (14)

Ya is the approximated output signal, either spool positioitosv. f is the test frequency
in Hz| andt is the time vector of the measured output signal.

To achieve the best possible approximation, the off3gtamplitude Aa, and phase lag,
@, are tuned by means of a gradient based optimization atgorthich minimizes the
deviation between the measured and the approximated oudgyat.sSAn example of an
optimized output signal approximation is shown in Fig. 7.

[EEY
o

—Input
—Measured output
Approximated output

Input [%] versus output [I/min]

s

2.5
t[s]
Figure 7: Example of output approximated by means of optimization

With this approach the phase lag is identified automatidajlpptimization. The mag-

nitude is computed as:

An
M=20--=— 15
N (15)

Aa is the approximated amplitude at the considered frequendyAa is the approxi-
mated output amplitude at the lowest frequency (0.1 Hz). Siheanput and output
signals have different units and different scale, the laggifrency output amplitude is
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used instead of the input amplitude to obtain a magnituded® @t the start frequency.
With the magnitude and phase lag computed for each frequstapya Bode plot can be
produced as shown in Fig. 8.

o * - — ]
g | |
= \g\.

_1 |
10" 10° 10"
f Hz]
3—100%
~200- ‘ -
10 1 0

1
f [Hz]

Figure 8: Example of Bode plot produced from test data.

5 Test Results and Parameter Identification

Based on the Bode plots for the six test cases the bandwidtheofalve can now be
identified. As for servo valves, the frequency-e90® phase lag is used as the upper
limit of the bandwidth, (MOOG, 2012).

The bandwidth frequency is therefore identical with the rettrequency of a second
order system, which is needed for the valve model describseldtion 3. The Bode plots
for the six test cases are given in Fig. 9 - 14. Both flow and ksposition responses are
given together with second order models fitted to the measesgbnse.
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Figure 9: 5 % amplitude @ 50 % negative offset.
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Figure 10: 5 % amplitude @ 50 % positive offset.
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Figure 11: 10 % amplitude @ 50 % negative offset.

The spool position response is used to identify the two mpdeameters, and (.
Since the natural frequency can be identified directly frotva Bode plots, only the
damping ratio needs to be adjusted to match the measurezhisEsp

As seen from all six Bode plots, the second order model is neatcanrate description
of the valve dynamics. The phase lag of the model fits the rmedsasponse quite well
up to around-90°, but the magnitude does not fit very well.

While the dynamics of the valves main stage alone may be mb@dale second order
system, the pilot stage and the controller obviously allo@émce the overall dynamic
behavior of the valve. However, since the proposed valve medait intended for de-
tailed analysis of the valve itself, but for simulation ofdmgulic-mechanical systems,
the second order model will, for many applications, be swfitto capture the valve’s
influence on the overall system dynamics.

The bandwidths and model parameters identified from the éestiisted in Table 2.

For practical reasons the valve has only been tested up to 5 Heitwo cases of
25 % amplitude, see Fig. 13 - 14. In these two cases the bandvadtiotbe directly
identified and the data in the last two rows of Table 2 therefepeesent the best fit of
the second order model.

Considering the remaining data, a reasonable estimates dfahdwidth is 5 Hz, corre-

sponding to roughlyw, = 30 rad’s as the natural frequency of the second order model

with a damping ratio of = 0.8.
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Figure 12: 10 % amplitude @ 50 % positive offset.
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Figure 13: 25 % amplitude @ 50 % negative offset.
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m
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Figure 14: 25 % amplitude @ 50 % positive offset.

Table 2: Identified bandwidths and models parameters.
Offset[%] Amplitude[%]| fgw[Hz] wn[rad/s] ¢

— 50 5 45 283 0.7
+ 50 5 5 314 0.6
— 50 10 25 346 0.9
+ 50 10 92 327 0.6
- 50 25 7 44 0.9
+ 50 25 7 44 0.9

6 Conclusions

In this paper, an approach for dynamic performance testingessure compensated
proportional directional control valves (PCPDCVSs) has beesgnted along with iden-
tification of parameters for a proposed model of the conetdigrpe of valve.

In the model, the dynamics of the valves is represented bga@nseorder system and
therefore only requires two parameters. This limits thelled model complexity while
still capturing the overall dynamic system behavior forgation of hydraulic-mechanical
systems.

For detailed component analysis, e.g., for design of valwe®cond order model is not
an adequate representation of the valve dynamics. For thaira detailed model is
required.

As a case study a Sauer-Danfoss PVG32 has been considered. Witledbatpd test
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approach, the bandwidth has been determined to 5 Hz, cormisigoio a natural fre-
quency ofw, = 30 rad/'s and a damping ratio @ = 0.8.
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Nomenclature

Uref Spool postion reference (control signal) -
Uspool Spool postion (normalized) -

Uedge Opening, P-B, A-T, P-A, or B-T edge -

uc Opening, compensator -

Oledge Overlap, P-B or P-A edge -

ULedge Underlap, A-T or B-T edge

Qedge Flow, P-B, A-T, P-A, or B-T edge [RYs]

Qc Flow, compensator [AY's]
Cedge Flow coefficient, P-B, A-T, P-A, or B-T edge  [fyis P&-]
Cedge Flow coefficient, compensator firs- P-9]
Cy Discharge coeffiecient -

Aedge  Cross sectional area, fully opened edge 2I[m
Apegge Pressure drop, P-B, A-T, P-A, or B-T edge [Pa]

Pa Pressure, A-port [Pa]

Ps Pressure, B-port [Pa]

PLs Load sensing pressure [Pa]

Pc Compensated pressure [Pa]

Po Pre-compression, compensator spring [Pa]

Ps Supply pressure [Pa]

Kc Stiffness, compensator spring [Pal

Ve Volume [m?]

o Density, hydraulic fluid [kgm?]

B Stiffness (bulk modulus), hydraulic fluid [Pa]

YA Approximated output [%]

Oa Approximated offset [%]
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An Approximated output amplitude [%0]
Ao Low-frequency output amplitude [%]
O Approximated phase lag I

t Time vector [S]

M Magnitude [dB]

f Test frequency [HZz]
fBw Bandwidth frequency [Hz]
(h Natural frequency [rad/s]
4 Damping ratio -
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Model Based Design Optimization of Operational Reliability
in Offshore Boom Cranes

Morten Kollerup Bak and Michael Rygaard Hansen
Department of Engineering Sciences

Faculty of Engineering and Science, University of Agder
Jon Lilletunsvei 9, 4879 Grimstad, Norway

Abstract — This paper presents a model based approach for design ofiectigatro-
hydraulic motion control systems for offshore material diarg cranes. The approach
targets the system engineer and is based on steady-stapaitadions, dynamic time
domain simulation and numerical optimization.

In general, the modeling takes into account the limited s€te component data nor-
mally encountered by engineers working with system desigrsy#tem model is pre-
sented which includes the most important characteristioc®thf mechanical system and
hydraulic components such as the directional control vahgethe counterbalance valve.
The model is used to optimize the performance of an initiaglglteby minimizing oscil-
lations, maximizing the load range and maintaining operei reliability.

Keywords— System modeling, system design, counterbalance vahextainal control
valve.
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1 Introduction

Despite the fact that hydraulics, in general, is considerathture technology, design
of hydraulic motion control systems still offers a numbercbillenges for both com-
ponent suppliers and manufacturers of hydraulically aethenachines. For the system
designer, the main challenge is to meet the functional rements for the system, a
set of design constraints, while satisfying a number of perémce criteria such as cost,
weight, overall efficiency and response time, which are ofterilcting and also subject
to constraints.

Design of hydraulic systems has been subjected to exteresearch including steady-
state based design, (Stecki and Garbacik, 2002), as well apar@mnt selection us-
ing dynamic simulation and numerical optimization, (Krusakt 1991), (Hansen and
Andersen, 2001), (Andersson, 2001) and (Papadopoulos and Ks;l2004). Auto-
mated design through so-called expert systems with theyatzilhandle both conceptual
and detailed design have attracted a considerable amoumieoést from researchers,
(da Silva and Back, 2000), (Hughes et al., 2001), (LiermamhMuarrenhoff, 2005) and
(Schlemmer and Murrenhoff, 2008). The impact outside at@aehowever, remains
limited. A reason for this may be that design of hydraulictegss is somewhat appli-
cation dependent. Design criteria and constraints in coatioin with design traditions
differ from one application area to another, making it diffido set up and maintain
design rules for expert systems. Moreover, scepticism andarvatism may contribute
to design engineers being reluctant to make use of suchnsyste

Hydraulic systems are therefore still designed manuallyiamgany cases based on ex-
Isting systems, reducing the design job to a sizing probleerathe system architecture
is already given. In these cases the design engineer camtgrnake benefit from pre-
viously mentioned tools such as dynamic simulation andhopétion. However, using
these tools still requires a great level of application gpeknowledge.

For offshore applications, which are the focus of this paiability and productivity
are the most important performance criteria. They are éslheonportant for offshore
applications because of remote locations and high costwhdime. Therefore price
and efficiency are less important criteria than for othediappons like agriculture or
construction machines.

In the offshore industry, the problem of designing reliaystems is further complicated
by limited opportunities to build prototypes to verify newsigns. This only promotes
the need for model based design approaches wigreal prototypescan be used to
evaluate and optimize a design.

In this paper an offshore material handling applicationoissidered which uses a pres-
sure compensated directional control valve (DCV) and a cobalance valve (CBV) -
classically prone to instability and therefore unrelialdedynamic model and a typical
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steady-state sizing procedure are presented as seen frggteansdesigner’s point of
view. Next, an optimization procedure, based on the Complethad, is applied in or-
der to investigate two different design concepts; one tatasents a traditional way of
choosing design parameters for the considered system atti@irepresents a new and
reliable way of handling the problem of using a pressure amepted DCV together
with a CBV. The two methods are compared and their limitatemesdiscussed.

2 Considered System

The considered system is part of a smaller crane used forialdtandling on an off-
shore drilling rig. It is put forward as a representativeljpeon within offshore crane
design where the mechanical system and operating cyclegtmerdned a priori.

The mechanical system is a crane boom actuated by a hydcgiihider, configured as
shown in Fig. 1.

1.75m

1.13m

Figure 1. Mechanical system.

The total mass of the boom and the load attached to it is 5000tkgCOG located at a
distance of 4 m from the pivoting point of the boom.

The cylinder is controlled with an electro-hydraulicallyt@ated DCV with integrated
load sensing (LS) circuit and pressure compensator whichtaias an approximately
constant pressure drop pfomp— PLs=7- 10° Pa across the metering edge of the DCV,
see Fig. 2. This makes the controlled flow independent ofdhd pressure and propor-
tional to the position of the DCV main spool.

An externally vented (drained) CBV is used to control thegrigbressurep,, during
load lowering, i.e., when the cylinder is exposed to negategl$. The system is sup-
plied by a hydraulic power unit (HPU) with constant supply pressps = 210- 10° Pa,
and return pressurer = 0.

The control system consists of a feedforward controllelQF®hich is a scaling of the
velocity reference, vref, and a feedback controller (FB@)ich is a Pl controller that
regulates the actuator positias)according to the position referensgs.
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Figure 2: Electro-hydraulic motion control system.

This type of electro-hydraulic motion control system is wydased for offshore mate-
rial handling equipment where closed loop control of thevitiial actuators is used to
achieve control of a manipulator end point and where seveaghines are supplied by
a common HPU with a ring line system connected to the individuadhines.

Design of such a system is an iterative process involvinggdesi both the mechanical
system and the motion control system. In practice, detalksign of both systems is
carried out separately with constraints imposed by a coneépesign. The conceptual
design is then revisited if it later proves to be unsuitable.

As an example placement and size of the cylinder may be detedhdiuring the concep-
tual design phase. To ensure the lifting capacity, the reduwylinder piston diameter
can be obtained by:

4 Fmax
D,> ,/—- 1
P= \/7T Nhme: (P2 — P3- @) @

The forceFnaxincludes the steady-state load force and, for offshore eqgnp, a certain
contribution from environmental loads, e.g., wind and waves

The return pressurgyg, can often be neglected or alternatively set to, e.g16 10° Pa
to account for the pressure drop through the return path.ifféepressurep,, is typi-
cally set to 20.30- 10° Pa below the supply pressure, e.g., 18® Pa if the supply is
210- 10° Pa. The hydro-mechanical efficiency,me depends on the cylinder design and
type of sealings. In practice it is typically set to 0.9 foe ttonsidered type of cylinder,
(Rasmussen et al., 1996).

Simultaneously, the minimum required rod diameter must &erchined in order to
avoid buckling of the cylinder. A simple and common approado igsse the rod diam-
eter as an effective diameter throughout the length of thdevtydinder and apply the
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formula forEuler bucklingof an ideal column:

o (2.

Since the load on the cylinder varies with the position of tis¢gm the maximum prod-
uct of the squared cylinder length,and the forcel, is used and an appropriate safety
factor, fs, is introduced.

The system may have several operating cycles which need torisedered when de-
signing it. For a crane with coordinated control of multiptéLaators, inverse kinematics
may be applied to obtain the operating cycles for the indildactuators. However,
independent operating cycles are usually defined for eatttat@ac and used as design
references. The most common is to use a trapezoidal velpwtyle to determine the

maximum velocity:
As

- 3
At—tramp )

Cylinders are usually required to use the full strdkd,e.,As= h. At is the time of the
operating cycle, i.e., time for lifting or lowering, amgm is the ramping time.
Parameters for the cylinder and the operating cycle, for wthie motion control system
is to be designed, are given in Table 1.

Vmax

Table 1: Parameters for cylinder and operating cycle.

Cylinder
lmin=1536m h=1m E=21-10°Pa

Dp=0125m Dp=0.08m @ =0.59
Operating cycle

m/s

3 System Modeling

In model based design the actual modeling is closely linkele design objectives. The
main challenge is to minimize the complexity of the systendelavithout ignoring or

underestimating important physical phenomena. For systeanufacturers this chal-
lenge involves setting up suitable models of a number ofssuplier components for
which the required data may be difficult to acquire or not adéd. For the considered
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system this includes, among other parameters, the bandofidbie DCV, steady-state
characteristics of the CBV and cylinder friction.

The model of the hydraulic-mechanical system is developeudMépleSimT™ and con-
sists of both predefined library components and custom ma@anents developed via
Maple™. This combination facilitates both efficient model devetemt and modeling
at a detail level that is not supported by library components

The design analysis and optimization (section 5) is caroiedwith MATLAB® and
Simulink®. For this purpose an S-function (compiled C-code) is generitem the
MapleSimt™ model and used to carry out simulations in Simufthk

The advantage of this use of the two software packages iptdetsand efficiency with
which models can be developed in MapleSthrcombined with fast simulation of the
S-function in Simulink® and predefined functions in MATLAB for post processing
and design optimization.

3.1 Mechanical System

The mechanical system is modelled as a three-dimensioriadimody system with three
rigid bodies; boom, cylinder barrel and cylinder piston.

The hinges in points A, B and C (see Fig. 1) are modelled as dutevoint, a spherical

joint and a universal joint, respectively. The translasibdegree of freedom (DOF)
between the cylinder barrel and piston is modelled as a ptisjmant. This gives a

system with a single DOF which is actuated by the hydraulic cglinBlig. 3 shows the
chosen model structure as it appears in Maplé&im

boom
revolute joint @

R universal joint
G

C
cylinder barretylinder piston
spherical joint @ -4
B

prismatic joint
.
interface to hydraulic model

Figure 3: Structure of mechanical model.

The flexibility of the boom may have some influence on the sgstgnamics but is not
included here.
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3.2 Hydraulic System

For the considered system all hydraulic valves are modelkedariable orifices with
linear opening characteristics:

Q=G v/Bp (@)

Hereé is the relative opening of the valve, i.e., a dimensionlagslver limited to the
interval [0,1]. It can be a function of system pressures otradied directly via an input
signal depending on the considered type of valve.

The flow coefficient in (4) can be expressed as:

2
QQA¢¢; (5)

The discharge coefficienty, and the discharge are®y, are usually not specified for a
valve. InsteadC, can be obtained from characteristic flow curves given in thestiatt

of the valve. From this, a nominal flo@,om corresponding to a nominal pressure drop,
Apnom Can be identified and used to derive the flow coefficient:

Cnom
VA Pnom

This corresponds to the fully opened state of the valve, sb @i} it is assumed that
the discharge coefficienty, is constant and only the discharge akg,varies with the
relative opening of the valve.

The pipelines between the DCV and the CBV/cylinder are assumied stort enough
to neglect the pressure drop and only the capacitance islledde

C = (6)

b=L (Qn ) @

In the following the models of the cylinder, the CBV and the DQ¥ described.

3.2.1 Hydraulic Cylinder

The model of the hydraulic cylinder includes the capacitasfidthe chambers as well as
the friction between the piston and the barrel. The cylindecd is:

Fn — Firiction for vo <v
F = ¢ Fn— Friction - vlo for —vo<v<wvp (8)
Fn + Ftriction for v< —vo
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The hydraulic force i$ = p2-Ap — p3- @-Ap. The actual friction in the cylinder is quite
complex, especially around zero velocity. As described ie€dd (2012) it consists of
both static and coulomb friction as well as velocity depemnder pressure dependent
friction, which may be described with a model of five parametdfsen though the
model is not very complex, the number of parameters reptesgoroblem for a system
designer because they need to be experimentally determined

Consequently, an even simpler model must be used:

Ftriction = FS+Cp' |Fh| (9)

The first term is the static friction which may be setRg~ Ap-1-10° m? - Pa. In
Ottestad et al. (2012) it was experimentally determineBste- 580 N for a cylinder of
the same size as the one used here. The second term is ther@résgendent friction
which may constitute 2...3 % of the hydraulic force, e0.=0.02. vp in Eq. (8) is used
to handle the transition around zero velocity in order toidvammputation difficulties
and can be set to a small value of, evg.= 0.005 m/s.

Even though the friction model described by Eq. (9) is quiepde, it is sufficient for
the considered system because the operating cycle doesntatrcany position control
around zero velocity.

The pressure gradients in the two chambers are:

p2=\%'(Q1—V'Ap) (10)
B

p3—\7'(V'§0'Ap_Q2) (11)
2

The chamber volume¥; andV,, are functions of the piston positiog, Q; andQ, are
the flows on the piston-side and the rod-side of the cylinéspectively.

3.2.2 Counterbalance Valve

The model of the CBV consists of two components; check vaiekmlot assisted relief
valve (the CBYV itself), both modelled according to Eq. (4).
The relative opening of the check valve is:

P1 — P2 — Pecrev

I(s, cv

Ecv - (12)

The cracking pressureycy, of the check valve is usually specified for a CBV and the
normalized spring stiffness can be set to a value of, ksgy=1- 10° Pa.
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The relative opening for the CBV is:

P3- Lll +P2— Per,cbv
ks,cbv

cbv = (13)
The normalized spring stiffneskschy, is usually not specified for a CBV but may be
provided by the supplier on request. With Eq. (13) any naedrity of the discharge
area as function of the spool position is neglected. Alsoati@mns in the discharge
coefficient and the influence of flow forces are neglected.

To determine the usefulness of the proposed model, expetaingork has been carried
out with a double CBV often used in offshore cranes. The pileaaatio of the CBV is
=5 and the nominal pressure droignom= 16-10° Pa at a nominal flov@nom= 120
I/min in the fully opened state. This corresponds to a flowffotient of C, ¢y = 1.58-
10~ m¥/s. P&@>. The cracking pressure & c,, = 180- 10° Pa.

In the experiment the flow through the valve is increasedalilyefrom O to 100 I/min.
The flow is recorded along with three pressures, see Fig. 4.i3hised to estimate the
opening of the CBV using both Eg. (4) and (13) in order to idgnihe spring stiffness.

T

1~ - [ I~

L P L

P () — ps

Figure 4: Experimental setup for test of CBV.

With the measured flow and pressurpsandp,, (measured values are indicated-y
the relative opening can be estimated using Eq. (4):

~

Q
C-vVP2—P1

To investigate the validity of Eq. (13) this is used to estenthe opening withp, and
p3 as inputs:

g = (14)

P2+ P3- W — Percby

& (2) _
ost ks,cbv

(15)
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The spring stiffness is tuned until the best match betv{é@randféﬁt) is obtained. The
result is shown in Fig. 5 together with the input flow. The relapenings are given in
percentage.

100Q

D
[olle]

N
T

Q [/min], & [%0]

N
—P—
L

Figure 5: Estimated and openings and flow and measured flow.

The best match between the two estimated openings is obtailtieds ., = 295- 10°
Pa. Also shown in Fig. 5 is the estimated flow obtained by meaﬁgbhnd p1 andpy:

Qest=EZ Cy- V/P2— 1 (16)

From the correspondence shown in Fig. 5 there seems to bedimiluence from flow
forces and, although the suggested model is relativelylsintipe results show that it is
adequate to describe the steady-state characteristioe obnsidered type of CBV.

3.2.3 Directional Control Valve

The DCV model consists of several smaller models repreggtiteamain components of
the valve; main spool, LS circuit and pressure compensatm.model does not include
the functionality of the electro-hydraulic actuation, mgtead a simplified model of the
dynamics between the input signal and the main spool posigpnesented by a second
order system:

u 1
spooI: 5 (17)
Uref E—FZ-Z-%—I—l

The control signalye, is the sum of the feedforward control signatg, and the feed-
back control signalurg. The spool positionyspaor IS @ Normalized signal which can
vary continuously between -1 and 1, with 0 being the centettipasof the spool.

For servo valves and high-performance proportional vallvesandwidthe,, can usu-
ally be identified from the valves datasheet. For pressungpemsated DCVs there is
usually no information available about the bandwidth andbtiig way to identify it may
be to carry out a frequency response test of the considefeel. vian approach for such
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a test is described in Bak and Hansen (2012) along with someetadts for a Sauer-
Danfoss PVG32. The identified bandwidth, = 30 rad/s, and damping ratig,= 0.8,
are also used here. This represents the overall dynamieeéetthe input signal and
the controlled flow, i.e., it includes the dynamics of thectie-hydraulic actuation, the
main spool, the pressure compensator and the LS circuiedD@V.

The four spool edges are modelled as variable orifices, Eg.of{4vhich the relative
opening.éedge for each spool edge is a function of the normalized spodtipassignal
as shown in Fig. 6.

é!edge“
_________ o [ O N U g g

\

\. 0.75+

N\ \. 0.5t

\ 0.25+

T TTTT T T T A

-1 -0.75 -0.5 -0.25

025 05 075 1

| {pa = == (BT fpp = == ot |

Figure 6: Opening functions for spool edges.

The spool edge openings are modelled as piecewise functionsltide the overlaps of
the metering edges, PB and PA, and the underlaps of the redgeseAT and BT. A
more detailed description of the opening functions is giveBak and Hansen (2012).
Usually very little or no information about the pressure cemgator is available from
valve datasheets making it difficult to estimate when thequnessaturation will occur.
However, if the nominal pressure drog, is known the compensated pressysgmp
can be described as:

PLs+ Po Po < Ps— PLs
Pcomp=14 Ps—Ps 0< pPs— pPLs < Po (18)
PLs Ps—pPLs<0

The first case describes the normal operating conditioneo€timpensator, maintaining
the nominal pressure drop. The second case describes th@i@erwhere the load
pressure is too close to the supply pressure to maintainahmnal pressure drop. The
third case describes the build-in check valve function efcbmpensator that prevents
negative flow if the load pressure exceeds the supply pressur

The LS circuit directing the load pressure to the pressungpemsator is modelled as a
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piecewise function:
P3 Uspool < O
PLs=1<0 Uspool= 0 (19)
P2 0 < Uspool

3.2.4 Model Structure

Fig. 7 shows the model structure of the hydraulic system agpears in the graphi-
cal environment of MapleSiff'. The red lines represent transfer of the two hydraulic
power variables, pressure and flow, between the hydraulic coengs. The blue lines
are signal lines.

interface to mechanical model

P2 T

hydrauTic cylinder

volume s p; volume/sée] ps

J—lﬂ LS circuit

+.

Pl

Uref 4_’2 Uspoo

Pcomp
pressure compensates) Pis

© 1 Pr
Ps

Figure 7: Structure of hydraulic model.

3.3 Control System

In the control system model the velocity referengeg;, is split into two signals, for lift-
ing and lowering, which are scaled by the two feedforward gadns andK, » respec-
tively, to make up the feedforward controller (FFC). Theoo#ly reference is integrated
to obtain the position reference, sref, for the feedbackrodar (FBC).

The structure of the Simulifk model, with the control system and the S-function con-
taining the hydraulic-mechanical model, is shown in Fig. 8.

The input to the hydraulic-mechanical model is the contighal to the DCV, uref in
Eqg. (17). The outputs are the three system presspies), and p3 and the position
of the cylinder pistons. The latter is used to compute the position erege= Sef — S,
which is the input to the feedback controller (FBC).
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hydraulicmechanical model

Figure 8: Structure of Simulifk model.

4 Steady-State Design

The task of designing a hydraulic system involves two matividies; choice of system
architecture and sizing/selection of the system companditite first one is often based
on design rules and experience with suitable architectorabé considered application.
Selection and sizing of the system component is an iterptiveess because the choices
of the individual component affect each other. Changesrdagg types and sizes of
components may need to be made after the first design iteratid even a change of
system architecture may need to be included in the followiigaiions before arriving
at a satisfying design.

To reduce the number of iterations the design process caethgas a systematic and
stepwise procedure based on simple steady-state consadsrand empirical design
rules. An example of a general procedure is described by SdadkGarbacik (2002).
For the considered system, with the cylinder and the opeyaimle given as in section
2, the remaining system may be designed through the follostegs:

1. Select directional control valve.
2. Select counterbalance valve.
3. Tune control system.

Furthermore pipelines and any protective components ssish@ck and anti-cavitation
valves also need to be sized. HPU design including selectidnsa&ing of pump(s),
sizing of reservoir, design of cooling system and seleabidiiitering system could rep-
resent additional steps in the procedure. However, since thé islRised to supply
several machines, this is designed through a separatedumacbased on the require-
ments and operating cycles of all the machines it is useddplgu

After the actual design procedure the design must be evaluats of all to ensure that
the choices of system components do not conflict with eachr @thwith any of the
design criteria.
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4.1 Directional Control Valve

The DCV is selected according to the maximum flow required byattteator:

Qmax= Vmax' Ap (20)

To ensure enough flow for all situations, a valve with a higlegracity may be selected.
However this choice is often implicitly made since rated flonaofalve is a discrete
design variable and the valve with the nearest flow capacayeathe required is chosen.
For hydraulic systems with closed loop control, an imporfaoperty of the DCV is the
bandwidth. Manufacturers of servo valves usually recomnadradsing a valve with a
bandwidth,w,, which is at least three times higher than the natural frecyensys of
the system it is used to control, (MOOG, 2012):

Wy > 3- Wsys (21)

This applies if the valve should not affect the overall bardttviof the series connection
of the valve and the hydraulic-mechanical system it is usaubntrol.

For many applications such as material handling cranesthie opposite, i.e., the band-
width of the DCV is lower than the one of the hydraulic-mecharsgatem. This is also
reflected by the fact that pressure compensated DCVs haveregtdtw bandwidths,
up to 5 Hz (Bak and Hansen, 2012).

Fig. 9 shows the natural frequency of the considered systdomaton of the cylinder
piston positions, for three different load cases.

30T T S
qgj:j,L7p4747L7\,4,47L7\747¢,pfpj:t _100% |0ad

+-+1=50% load |
1-11-25% load|

\\\\\\\\\
****************************************************

Figure 9: Natural frequency of hydraulic-mechanical system.

Choosing a DCV with a bandwidth of 5 Hz is sufficient for this applicatas long as
the ramping times for the velocity reference are not too kmal
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4.2 Counterbalance Valve

The size of the CBV is chosen according to the maximum flowiredwr induced by
the actuator or it may be chosen to match the rated flow of the.DCV

In order to avoid unintended opening of the CBV the crackirggpure is typically set
to a factor of 1.3 above the maximum load induced pressuus kK§draulics, 2012):

Per.cbv = 1.3 Pload max (22)

One of the most critical design variables of a system contgi@iBVs is the pilot area
ratio, , due to its strong influence on the system stability during lle&eering. It

is therefore usually chosen based on experience and maytméedchanged once the
system has been realized and tested.

Some basic steady-state considerations for choagimgay be applied to ensure that
cavitation does not occur on the metering side of the cyhuldeing load lowering.

The cylinder force during negative loads:

F=

— (P2-Ap—p3-@-Ap) (23)

And the opening condition for the CBV:

P2 + QU P3 = Per,cbv (24)

Can be combined to express the upper limitof

F.
Per,.cbv— e

P 25
Y < o ¢ (25)

ps is set to the preferred safety margin, e.g...20- 10° Pa in order to avoid cavitation.

4.3 Control System

The feedback controller gains cannot be determined basst#ady-state considerations
and therefore have to be tuned after the system has beereckdlihe feedforward gains,

on the other hand, can be estimated when using a pressure ceatgpe DCV.

For a DCV with a symmetrical and linear flow characteristic (geting the deadband
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of the valve) the cylinder velocity is:

Uref - Qmax
VA ol <M (26)
AQ
A 0<u
AQ: p > Uref (27)
¢Ap Ure f < 0

In Egq. (26) Qmnax is the maximum flow of the valve. With a velocity reference the
feedforward control signal can be computed:

UrF = Vref - Ky (28)

Combining Eq. (26) and (eq28pap3) yields the feedforwand:ga

_ A
K= G (29)

4.4 System Characteristics

Employing the sizing procedure described through Eq. (4@p) yields a number of
design parameters for the considered system. They ard list€able 2 together with
the most important model parameters. With the velocityrezfee specified in section 2,

Table 2: Parameters for hydraulic system.
Directional control valve

w, = 30 rad/s (=028
C,=2-10%m¥s. P>  overlap: 10%
po=7-10° Pa
Counterbalance valve

Y=3 Cy=1.58-10"%md/s- P&>
Percbv = 235- 10° Pa ks cov = 300- 10° Pa
pcr7cv = 2 . 105 Pa kS,CV = 1 . 105 Pa

Control system
Ky1=7.4 Ky2 =4.3

see Fig. 10, a simulation is carried out to analyze the respohthe system.
With the feedforward gains given in Table 2 and the feedbaxkroller disabled the
piston position shown in Fig. 11 is obtained.
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t[s]

Figure 10: Velocity referencees.

tfs]

Figure 11: Position referencges, versus simulated positios,

The simulated system pressures are shown in Fig. 12.

fed] oI d

t[s]

Figure 12: Simulated system pressupgsp, and ps.

As seen from both Fig. 11 and 12 the system becomes strongllatmy during the
lowering sequence and it is not able to follow the prescribesitpn reference with
the feedforward controller alone. As the last step in a depigicedure the feedback
controller can relatively easy be tuned to remove the actated position error seen in

Fig. 11.
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5 Dynamic Considerations

The system response shown in Fig. 11 and 12 illustrates acdhgsoblem with systems
using a CBV in combination with a pressure compensated DC\ArE ¢s not taken the
system is likely to become so oscillatory that it is uncolfeitgle. Furthermore, the
negative values of p3, though they cannot occur in reahtyjicate that the oscillations
are violent enough to cause cavitation in rod-side chambieccylinder.

The system response is directly influenced by the chosehariéa ratio,y, which is
usually set high for energy efficiency purposes and only ledd@rthe system, as in this
case, becomes strongly oscillatory.

From EqQ. (25) a pilot area ratio @f = 3 is obtained. In Fig. 13 the pressure response
with ¢ = 1 is shown.

% 5 10 15 20 25
t[s]

Figure 13: Simulated pressures with= 1.

Lowering the pilot area ratio clearly reduces the oscilladio However, a significant
level of oscillation remains and often it is necessary t@taktra measures to further
reduce the oscillations.

5.1 Reliability and Dynamic Performance

Strong oscillations may lead to excessive noise, wear argligtand as shown in Fig.
12, loss of functionality. Hence, these oscillations aredtly related to the reliability
of the system.

The oscillatory nature of the considered system has beeastigated several times
(Miyakawa, 1978), (Overdiek, 1981), (Persson et al., 1989androos et al., 1993),
(Chapple and Tilley, 1994), (Ramli et al., 1995), (Zahe,3)98nd (Andersen et al.,
2005) and it is well established that it is caused by havingawatove throttling control
valves in series; the pressure compensator of the DCV andBNeThe oscillations can
be reduced by lowering the pilot area ratio, bleeding of th&&pilot line or narrowing
the return edge of the DCV. These measures can, however, noveeme oscillatory
nature related to the CBV and therefore they do not improgeehability of the system,
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they only improve the dynamic performance.

Reliability may be divided into several categories, e.gerational reliability and safety
related reliability, and their importance may vary from opel&cation to another. While
both types of reliability are important for offshore applions, the first one is the main
concern here. The operational reliability, i.e., how weltl @aliable the system can be
controlled, is directly influenced by its oscillatory nagur

In order to improve the operational reliability, the conteftwo throttling valves in se-
ries must be abandoned. This can be done either by remowery¢ssure compensator
or by removing the CBV. The first measure is normally avoidedffshore applications
because it increases the demands on the feedback conantletherefore introduces
another loss of operational reliability. The second meassironly partially possible
because the CBV has other functionalities than controliivegload lowering. It can,
however, be obtained by forcing the CBV to open completelydescribed by Nord-
hammer et al. (2012), making it work as a fixed orifice. This wiilturn, require that
the throttling is handled by the return edge of the DCV.

While this eliminates the oscillations caused by the CBV #ratefore improves the
operational reliability, the safety related reliability likely to be reduced due to an in-
creased closing time of the CBV and a possibly increasedfiike CBV getting stuck
open. This is critical in case of hose rupture and therefoeemethod may need to be
combined with safety increasing features or monitoring fiams. Further safety assess-
ment, however, is not carried out here.

Reducing the pilot area ratio of the CBV or transferring tbieirn throttling to the DCV
will reduce the load range that can be handled during loweriing loss in efficiency,
on the other hand, is not a big issue since the consideregisystsupplied from a ring
line with a constant pressure level.

Availability becomes an issue if the return throttling isi® handled by the DCYV, since
this requires a tailor-made main spool whereas a CBV is usasadilable with several
different pilot area ratios.

The oscillatory behavior of the considered system can bestiyated by means of sim-
ulation. The pilot area ratio and the return edge of the DC\lagedesign parameters
that must be chosen with the objective to:

1. Minimize oscillations.
2. Maximize load range.
Simultaneously, it must be chosen if the operational rditglshould be increased by

forcing the CBV open and if the availability should be redilitgy demanding a tailor-
made main spool for the DCV.
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5.2 Design Optimization

The most effective way to handle this is by means of numenpéimization using a
suitable algorithm based on minimization techniques. mftillowing, two different
design concepts are subjected to optimization and compethdhe classical concept
of only lowering the pilot area ratio arttirottling with the CBV One of them represents
a semi-classical concephrottling with the CBV and the DCVI'he other represents a
new concept; forcing the CBV to open completely @hobttling with the DCV Both
designs, though, represent less available concepts sirgadquire tailor-made DCV
main spools. For both concepts the design variables ardltiteapea ratio of the CBV
and the size of the return edge of the DCV. The available rangéai area ratios is
Y =1[1,15,225 34 5] and it is assumed that the return edge of the DCV main spool
can be machined within the inten@gt = [0.5-1076,2. 1075 m¥s . P&>.

5.2.1 Design Objectives

The first objective is to minimize the oscillations of the doeontrolling pressurep,,
during the lowering sequence. To determine the oscillatiewns, p, is first low-pass
filtered to determine the steady-state presspé?es'z, around which it oscillates. The

oscillations ofp, can then be found:

Py = p— p5° (30)
To obtain a single quantity representing the oscillatimellepgosc) is squared and inte-
grated over the time of the lowering sequence:

12 2
_ (050
o_/tl (p°) (31)

Before starting the optimization procedure a nominal ¢esoiin level,Onom, Of the initial
design is found. This is used to obtain a normalized osmltaevel (an error) during

the optimization:
v _ O

- Onom
Here Oi is the oscillation level of the i'th design suggestedh®yoptimization routine.

For the concept athrottling with the CBV and DCVEQ. (32) is used for the objective
function. For the concept dhrottling with the DCV an additional objective is used to

(32)
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penalize the design if the CBV is not fully open:

O —
6% =05 5= +05- (1~ &) (33)

nom

Heregcb\4 is the mean value of the CBV opening during the lowering seqelenc

In both cases two additional objectives must be met; thelgtetate level ofpz cannot
exceed 18010° Pa (to ensure the functionality of the DCV) and the steady-stag dév
p, cannot exceed 250.0° Pa (rated pressure of cylinder). If any of these two implicit
constraints are violated, Eq. (32) and (33) are overruletitha error is set tg = 1.
Similarly, violation of explicit constraints (limits of &&gn variables) is penalized by
setting the errog = 1.

The second objective of maximizing the load range is haniyeelvaluating Eq. (32) or
(33) for two load cases; one with a load of 5000 kg (maximum)ead one with a lower
load which is the minimum load the considered design can leawmidhout violating any
of the implicit constraints. The objective function usedthg optimization algorithm
can then be described as:

g = 0‘5‘ei(maxloac) 405 q(minload) (34)

Here, bothe™®1°29 ande™"°29 are represented by either Eq. (32) and (33) depending
on the considered design concept.

5.2.2 Optimization Procedure

The optimization problem, to minimize ei, is solved with then@plex method (Box,
1965) with the modification that violation of both implicit @rexplicit constraints is
handled by penalization, i.e, settisg= 1 as earlier described.

The method is often used for optimization of hydraulic syste@nd has the advantage of
being fast and easy to implement (Andersson, 2001). Thetstaiof the optimization
procedure is shown in Fig. 14.

The initial designxin = [,Cy 7] according to Table 2, is evaluated by running a sim-
ulation to determine the system pressures, i.e., the regpgimown in Fig. 12. In the
simulation the feedback controller is disabled and onlyféeeiforward signal is used to
control the system.

The nominal oscillation level, Onom, is determined by medrisgp (30) and (31) and
passed on for evaluation of new designs. Next, a random dpsigmation is generated
within the limits of the design variableX,,. The size of the population is twice the
number of design variables, i.& pop contains four designs.
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Figure 14: Structure of optimization procedure.

Two simulations are then carried out for each design; one théhmaximum load to be
handled and one with the minimum load the design is able tolbahding lowering.
The minimum load is identified by running the optimizatiorogedure a number of
times, each time reducing the minimum load until it is no lengossible to find a
design that works for both maximum and minimum load.

Each design in the population is then evaluated by meanstlodreeq. (32) or (33)
together with Eq. (34) depending on the design concept. Frariair designs the
best and the worst designs are identified. The best desige @te yielding the lowest
objective function value and the worst the one yielding tighést. The worst design is
then substituted according to the Complex method; i.egctflg the point representing
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the worst design through the centroid of the remaining gomthe design space in order
to obtain a new design.

A simulation of the new desigrknew iS carried out and the design is evaluated. The
procedure of substituting the worst design continues timilconvergence criterion is

met; i.e., the objective function values of the best and tbestwdesign are equal with
some tolerance.

5.2.3 Results

First, the concept of forcing the CBV to open completely #mdttling with the DCVis
investigated. This is functional in the load range 3000 -®BK (60 - 100 % load) with

¢ =5 andC,gt = 0.7-10°° m¥/s- P& as the optimal design values. The pressures for
the maximum and minimum loads are shown in Fig. 15 and 16.

15
t[s]
Figure 15: 100% loadp = 5,C,gt = 0.7-10 6 m¥/s . P&>.

Figure 16: 60% loady = 5,Cy g7 = 0.7-10 ® m¥/s . P&>.

While the oscillations are nearly removed at 60 % load, sose#lations remain at
100 % load. This is partly due to the Iimif’s) < 180- 10° Pa which prevents further
narrowing of the return edge. Also, the nature of the systeratbeg with the chosen
ramping time will cause some oscillations as also seen frenifting sequence.

Secondly, the concept a@hrottling with the CBV and the DC\s investigated. This
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is functional in the load range 1500 - 5000 kg (30 - 100 % load) witk= 1.5 and
Cupt = 0.85-10°° m¥/s - P& as the optimal design values. The system pressures for
the two load cases are shown in Fig. 17 and 18.

Figure 18: 30% loady = 1.5,Cy g7 = 0.85- 10 ° m%/s - P&>.

In terms of dynamic performance, i.e., oscillation levieg toncept ofhrottling with the
CBYV and the DC\Wenerally yields slightly better results than the concdphmttling
with the DCV Both concepts are better than the classical concetpiroftling with the
CBYV, in terms of dynamic performance.

When considering the operational reliability, however, tomcept ofthrottling with
the DCVis the only fully reliable design because the CBV is active indkw®er two
concepts and, inherently, contribute to less predictajgeesn behavior. The evaluation
of the different concepts can be summarized as in Table 3.

If only small load variations are to be handled, the concégdbrring the CBV to
open completely anthrottling with the DCVrepresents the best design. For larger load
ranges, this may not be a functional design, thubttling with the CBV and DC\is a
better solution than only throttling with the CBV.

Requiring a tailor-made main spool for the DCV representsdtttianal cost of the
system. For offshore applications operational reliapit the important performance
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Table 3: Evaluation of return throttling concepts.

Throttling concept Dynamic perfor-Operational reliabil-
mance ity

DCV + +

CBV + DCV + +

criterion and it is therefore often accepted to acquire comepts with some degree of
customization.

6 Conclusions

In this paper, an approach for model based design of elégticaulic motion control
systems for offshore material handling cranes is put fodwd@he design procedure tar-
gets the system engineer and therefore one of the main nbalas to establish reliable
system models with a suitable level of complexity. Modelsh& main components of
the hydraulic system, which include key parameters suchrasdidth of the directional
control valve (DCV) and steady-state characteristics of thenterbalance valve (CBV)
IS presented.

A typical steady-state design procedure is presented adltosletermine the parame-
ters of the main components of the motion control system.prasented system model
is then used to demonstrate the problem of the inherentijlaiscy behavior that char-
acterizes the considered system.

In order to improve the dynamic performance and the opearatieliability of the sys-
tem, an optimization procedure, based on the Complex meth@gbplied to the simu-
lation model in order to optimize design parameters for th&/@@d the CBV.

With the objective to reduce the oscillation level duringeagion of the system, three
different design concepts have been investigated:

1. The classical concepthrottling with the CBY where the pilot area ratio of the
CBV is lowered.

2. A semi-classical concepthrottling with the CBV and the DCMvhere the pilot
area ratio of the CBV is lowered and the return edge of the DCVrnioned.

3. A new conceptthrottling with the DCV where the CBV is forced to open com-
pletely by increasing the pilot area ratio and narrowing #tamn edge of the DCV.

The main advantage of the classical concept is availalaliy load range. The main
advantage of the new concept is operational reliabilitye $ami-classical concept and
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the new concept both have an advantage in terms of dynanfarpemnce.

In an offshore context where operational reliability is thestnimportant criterion, the
new concept is ideal as long as its poor load range capalsliacceptable, i.e., for
applications with small load variations.
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Nomenclature

Aq Discharge area [A)
Ap Piston area [
Ag Controlled cylinder area [
(o% Discharge coefficient -

Cv Flow coefficient [n?/sPdd]
Cp Pressure friction coefficient -
Dp Piston diameter [m]
D, Rod Diameter [m]
e Error/ovjective function value -

s Position error [m]
E Young’s modulus [Pa]
fs Safety factor -

F Load force/cylinder force [N]
Ftriction Friction force [N]
F Hydraulic force [N]
Fs Static friction force [N]

h Cylinder stroke [m]
Ks Normalized spring stiffness [Pa]
Kv Velocity feedforward gain -

I Cylinder length [m]
O Oscillation level -

p System pressure [Pa]
Po Nominal pressure drop [Pa]
Pcomp Compensated pressure [Pa]

Per Cracking pressure [Pa]
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Poadg  Load induced pressure [Pa]
PLs Load sensing pressure [Pa]
Q Flow [m3/s]
S Piston position [m]

t Cycle time [S]
tramp  Ramping time [S]
UrB Feedback control signal -

UEE Feedforward control signal -
Uspool  Normalized spool position -

Ure f Control signal -

v Piston velocity [m/s]
Vo Transition velocity [m/s]
\Y, Volume [m]

B Bulk modulus Pa

14 Damping ratio -

Nhme  Hydro-mechanical efficiency -

¢ Relative valve opening -

o Fluid density [kg/md]
[0)] Cylinder area ratio -

1] Pilot area ratio -

Wsys System natural frequency [rad/s]
Wy Valve bandwidth [rad/s]
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Analysis of Offshore Knuckle Boom Crane — Part One:
Modeling and Parameter Identification

Morten Kollerup Bak and Michael Rygaard Hansen
Department of Engineering Sciences

Faculty of Engineering and Science, University of Agder
Jon Lilletunsvei 9, 4879 Grimstad, Norway

Abstract — This paper presents an extensive model of a knuckle boonearsed for
pipe handling on offshore drilling rigs. The mechanicalteysis modeled as a multi-
body system and includes the structural flexibility and dewgpp The motion control
system model includes the main components of the craneg@lbydraulic actuation
system. For this a novel black-box model for counterbalamdees is presented, which
uses two different pressure ratios to compute the flow tHrdhg valve. Experimen-
tal data and parameter identification, based on both nualentimization and manual
tuning, are used to verify the crane model.

The demonstrated modeling and parameter identificatidmiqaes target the system
engineer and takes into account the limited access to coempolata normally encoun-
tered by engineers working with design of hydraulic systems.

Keywords — Hydraulic crane, multi-body system, flexibility, directidrentrol valve,
counterbalance valve.
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1 Introduction

Today'’s offshore drilling equipment is characterized bghhprice, high level of system
complexity and low production numbers. For the equipmemiufecturers, it requires a
great level of skill and experience to develop the equippente there are very limited
possibilities to build prototypes for testing and verifioatof new designs. Increasing
focus on production and development costs adds to thisesigedl As a consequence,
design engineers continuously have to improve their pra@sdfor decision making re-
garding choice of principal solutions, components and red$ein order to reach the
best possible trade-off between different performanceraitsuch as reliability, effi-
ciency and cost.

Computer based time domain simulation and optimizatiohnriggies have, by far, proven
themselves as excellent tools for the challenged desigrehave over the last couple
of decades increasingly been employed by drilling equigmeanufacturers. However,
the use of these techniques still offers a number of chadleihgth in industry as well as
academia.

In model based design, simulation models serve as virtaabgypes providing informa-
tion, e.g., about a machine’s overall efficiency, stabdityl accuracy, enabling engineers
to test, redesign and optimize the design of the machinegdédfic manufactured. Model
based design offers the possibility to reduce both devesmpitime and costs while also
producing more reliable machines.

The main challenge in model based design lies within thetglidi produce simulation
models that, with a reasonable precision, are able to miribémavior of a real system.
This challenge is especially pronounced for hydraulicatljuated machines, like many
offshore drilling applications, simply because suppligriydraulic component are not
used to deliver all the data needed to develop simulationetsaxf their products.

An application that represents a typical piece of high-erfdhafre equipment is the
knuckle boom crane. The ability to employ a model based ampréor design of such
cranes is highly relevant.

Modeling, simulation, design and control of various typésranes have been subjected
to extensive research. General modeling techniques aredettf control concepts have
been presented by Hiller (1996) and Abdel-Rahman et al. (2a808)particularly mo-
bile (truck-mounted) cranes have attracted a consideabl@unt of interest from re-
searchers (Ellman et al., 1996), (Mikkola and Handroos, L9@sque et al., 1999),
(Hansen et al., 2001), (Nielsen et al., 2003) and (Esque €03). The dynamics of
these types of cranes is well documented and modeling tacbsiljave been proven
through experimental verification.

In (Than etal., 2002) and (Bak et al., 2011) offshore boomesdave been investigated.
Models taking the structural flexibility into account hawesel presented, however, with-
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out any experimental verification.

Though mobile cranes are particularly flexible and beha¥erdntly than offshore
cranes, the same modeling techniques can be used for baé tfcranes. Modeling
of mechanical systems such as boom mechanisms can be hanitielifferent generic
approaches. However, the most suitable approach is not abiysus.

Modeling approaches for hydraulic components and systeesrageneral, also well-
established but may cause problems when it comes to mod&ta&an. The problem is
often a lack of proper model data and/or that the physicsti$ully understood. There-
fore, for certain hydraulic components, there may be a ne@urioduce new modeling
approaches.

In this paper an extensive model of an offshore knuckle bomnecis developed with
a view to identify a best practice for predicting the behawbthis type of crane. Itis
demonstrated how to overcome the modeling challenge bysthgan appropriate level
of modeling detail and by using experimental work togethehwarameter identifica-
tion techniques.

A commercially available software package, Maple8fimis used to develop a dynamic
model and MATLAB® is used for steady-state simulations and optimization based pa-
rameter identification.

2 Considered System

Knuckle boom cranes are used for a wide range of offshore anchenaperations and
therefore exist in different variations. The considereaheris manufactured by Aker
Solutions and is used on drilling rigs to move drill pipesvibetn the pipe deck and a
transportation system leading to the drill floor of the rig.

Prior to commissioning of a crane, it undergoes a test praecto verify the functional-
ity and ensure that the performance corresponds to theiarg®en in the design spec-
ification. This procedure facilitates an experimental gtticht can be used to calibrate
and verify design models of the crane. In the following a desion of the considered
crane is given along with system variables that have beenurezhand recorded during
a test procedure. The procedure itself is described ina@geétialong with the model
parameter identification.

The considered crane may be treated as a large multi-dorystens consisting of three
interacting systems:

1. A mechanical system.
2. An electro-hydraulic actuation system.

3. An electronic control system.
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The main components of the cranes mechanical system arateggbart mounted on a
pedestal, an inner jib, an intermediate jib, an outer jib aggipping yoke, see Fig. 1.

Intermediate jib

w 0T

Rotating part

- i
|ILS] /
@!‘J‘, N ﬁ Gripping yoke
e| wppTT
o ] Pedestal
N~ Jﬁ
Pipe deck

Figure 1: Main components of mechanical system.

The crane is controlled from the operators cabin (not showsynted on the rotating
part, also called the king. A slewing bearing and transmisb&tween the king and the
pedestal allows for slewing of the crane. However, this degrdseetiom (DOF) and
the details of the slewing transmission are not consideresl he

The gripping yoke also includes a number of hydraulicalljuated DOFs which are
not considered. The actuation system is supplied by a hiidgawer unit (HPU) with
constant supply pressurmgs = 210 bar, and return pressugg = O.

The considered part of the actuation system consists of thydraulic circuits, one for
each crane jib, connected to the supply and return lineseofifPU. The control system
includes a human-machine interface (HMI) which facilitates dperation of the crane,
a number of sensors and instruments used for feedback tantir monitoring and a
controller where the control logic is defined.

When considering the actuation and control systems togetie three circuits of the
actuation system can be considered as three sub-systehs miotion control system,
including both actuation and control. A simplified schematithe motion control sub-
system for the inner jib is shown in Fig. 2.
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Figure 2: Simplified schematic of motion control sub-systeminner jib.

The main components of the hydraulic circuit are a cylindghvntegrated position
sensor, a servo-type directional control valve (DCV) and dareslly vented (drained)
counterbalance valve (CBV). The cylinder velocity is coléa via the DCV, which
controls the flow into either of the two cylinder chambers. iBgrretraction of the
cylinder (load lowering), it is exposed to negative loadstgm velocity and load force
have the same direction) and therefore the piston prespgir@geds to be controlled.
This is handled by the CBYV, which provides a relief valve fumaality on the outlet side
assisted by the pressum, on the inlet side.

The DCV is controlled via a joystick (part of the HMI) from whichetkommand signal,
Ujs, Is fed to the controller and used to generate the contrabsjgy, to the valve. The
signal from the position sensor in the hydraulic cylinderlso fed to the controller,
where it can be used for feedback control depending on thetedleontrol mode. In
open loop control mode joystick commands are passed thrtheghontroller and fed
directly to the DCV. In closed loop control mode both joyste@kmmands and cylinder
positions are used for control of the DCV.

The motion control sub-systems for the intermediate anérgiis are identical and
contain the same control system elements as the one forribejib. However, as seen
from Fig. 3, the elements of the actuation systems are difter

The DCV is pressure compensated and uses a load sensing (€8) aimd a pressure
reducing valve that maintains a constant pressure drogsanetering edge of the main
spool at any time. This makes the controlled flow independeétite load pressure and
proportional to the spool position, i.e., the control siged to the valve.

There are two CBVs since the load force on the cylinder may aeitiver direction,
depending on the orientation of the crane jibs. The CBVs anevemted and include two
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Figure 3: Simplified schematic of motion control sub-systemntermediate and outer
jibs.

series connected orifices to manipulate the pilot pressprasand py . For practical
reasons it is only possible to measyxeand p3 this circuits.

In total seven pressures, three command signals and thsg®psignals are measured
and recorded during the experimental test procedure. Taphlevides an overview of
the system variables and the ones that are measured forrdee dbnsidered motion
control sub-systems.

Table 1: System variables for considered motion controlsidtems.

[ =measured Input Output State variables

[] = not mea- u |

sured JS eyl P1 P2 P3 P4 Px.1 Px,2
Inner jib [ 0 O 0 [ NA NA NA
Intermediate jib [ (] O [] [ [ [ [
Outer jib [] (] [ [ [ N [ [

3 Mechanical System Model

The mechanical system is modeled using the multi-body rijbira MapleSinT™. The
model includes the main components shown in Fig. 1 as well asyttratlic cylinders
for the three crane jibs.
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In terms of kinematic structure, the crane can be treatedaag@mechanism consisting
of both rigid and flexible links connected by revolute jointhie structural flexibility of

a crane similar to the one considered here has been studidénnjksen et al. (2011)
and Bak et al. (2011). It was shown that the flexibility of cer&tructural members can
have a significant influence on the overall dynamic behavidthe crane and therefore
must be accounted for in a dynamic model.

Here thefinite segment method used to model the flexibility. The main advantage
of this method is that it is based on rigid body modeling teghes, making it easy to
implement. The method was originally developed by Husto®{)@nd further studied
in Huston (1991), Huston and Wang (1993), Connelly and Hust®®44) and Connelly
and Huston (1994b). Hansen et al. (2001) used the method foelmgddf a mobile
crane and achieved encouraging results in terms of contiptyeiween measurements
and simulations.

The masses, inertias and geometry of the mechanical comimhave been extracted
from CAD models.

3.1 Kinematic Structure

The topology of the crane is globally an open kinematic chaimed by the crane jibs,
with locally closed chains formed by the hydraulic cylindansth the main components
and the barrels and pistons of the three hydraulic cylindieesmodel includes a total of
12 bodies, see Fig. 4.

Since the slewing DOF of the crane is not considered, the cranleecanodeled as a pla-
nar mechanism using revolute and translational joints. Hew®nly spatial multi-body
elements are available in MapleSith making the selection of kinematic constraints
less straight forward. To identify a suitable kinematiaisture the crane is initially
treated as a rigid body system.

The bottom of the pedestal is fixed at the global origin andkihg is fixed to the top
of the pedestal in point A. Points B, C, D and E represent réggbints (RJ). The con-
nection points of cylinder barrels, points F, H and J, are @exlas spherical joints (SJ)
while the connection points for pistons, points G, | and K, aréebed as universal joints
(UJ). The translational DOFs between the cylinder barrels aridri@sare modeled as
prismatic joints (PJ). This leaves four remaining DOFs (Nikssty, 1988):

NpoF = 6 Npodies— 6 - Nfixtures— 9 NPy
—95-Nr3—4-nyy—3-Ngy (1)
=72—-12—-15-20-12-9=4
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Figure 4: Topology of mechanical system model.

These are the ones of the three crane jib, which are actuategdogulic cylinders, and
the rotational DOF of the gripping yoke (point E). The latteattuated by a hydraulic
motor, which is not considered here. The DOF is included to betalddentate and fix
the gripping in the wanted positions.

3.2 Flexibility

When applying the finite segment method to a planar mechanimnilexible members
are divided into a number of rigid segments which are conaddayeevolute joints and
rotational springs (and dampers), see Fig. 5.

ks ks ks ke ks

@ ©® @ 1 @ 2 @

Figure 5: Concept of the finite segment method.

The left part of the figure illustrates a model of a single seginThe flexibility of the
segment is represented by two rotational springs, both Wwétstiffnesss. In the right
part of the figure two segments are connected. The stiflieeskthe connection between
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the segments corresponds to a series connection of thegsgon the two adjoining

segments:

1
ke=—1—7 (2)
kst T Fsz
ks1 is the segment stiffness of the segment 1 kgglis the segment stiffness of the
segment 2.

For bending the segment stiffness is:
ks=——— (3)

E is the Young’'s modulus|, is the area moment of inertia andis the length of the

segment.

The pedestal, the inner jib and the outer jib are assumedrtondde the overall struc-
tural flexibility of the crane since the remaining composaarie far more compact. Fig.
6 shows the segmentation of the three flexible members.

Figure 6: Segmentation of flexible model.

The pedestal, inner jib and outer jib (body numbers 1, 3 aradéylivided into two, five
and four segments, respectively. The number of segmenéstainy debatable, but is
kept low for computational reasons.
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As seen from Fig. 6, the inner and outer jibs are beam-likegiras with varying cross
sections. With the chosen segmentations, the cross sextas of the individual seg-
ments vary linearly and continuously and therefore avevafjges of the segments area
moments of inertia are used to determine the segment S§ésks. The area moments
of inertia at the cross sections between the segments ascedrfrom CAD models
and used to determine the average area moments of inertiakbkmet al. (2011) used
this approach for a model of a single crane jib and comparé#uddiatic deflections and
natural frequencies of a finite segment model with results fofite element analysis
and achieved a remarkable conformity even without calibgatine model.

The segment and connection stiffnesses, determined W&iagd (3), are given in Table
2. The first and last segments of the inner and outer jibs aweasd rigid and therefore
the stiffnessks, of the neighboring segment is used as the connection stiffkgss,

Table 2: Segment and connection stiffnesses.
Segment ks[Nm/rad] ke [Nm/rad]

(1) ,

S%1> 575:10° g0 1

S 5.75-10°

3) .

L rigid 1.96-10°

S 1.96- 10° 6.03. 10F
) 8.73-1C° o
%3, s 27710

% o 4.05.10°
S rigid

(5) .

> ;gc;g e 20810

%3, 29 1.39. 108

Sy rigid

The stiffnesses in the appliddmped parameter modeake indeed uncertain (soft) pa-
rameters and (2) and (3) merely represent a means to estihtste parameters. As
argued by Shabana (1997), they can also be determined kg dieinent analysis and
parameter identification. This is, however, not the scopéisfpaper and instead the
stiffnesses are tuned during the calibration (section Bh@fntire crane model.
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3.3 Damping

The dynamic characteristics of the mechanical model depenithe damping applied
to it and therefore the damping must be carefully considei¢owever, damping pa-
rameters are even more uncertain than those related to fitglitg. The only way to
properly determine the damping parameters may be to catiythrough experimental
study of the considered structure. As in this case, timeuress and practical circum-
stances seldom allow for that kind of investigations.

Therefore, whether working with design models or models fatysis and with limited
possibilities for experimental investigations, there iseed for methods to determine
the damping parameters with a reasonable accuracy. Mos8®®)presents a simple
approach that can be used for lumped parameter modelingiteeds such as the finite
segment method. Faitiffness dampingdamping elements in parallel with the flexible
elements), the damping of a structural member is:

C:Bk-k (4)

k contains the spring coefficients determined in section8df3ais a stiffness multiplier

determined by:

po= 225 ®

{sis the damping ratio of the structure aad is the natural frequency of the structure
for the considered mode of motion. Representative dampatgsrfor different struc-
tures are given in Adams and Askenazi (1999). For metal strestwith joints, e.g.,
weldings and bolted connections, the damping ratid s 0.03— 0.07. Naturally, this
is subject to uncertainty but, nevertheless, better thampls guess.

To determine the damping coefficients for the models of thmeettilexible members,
simulations without damping have been carried out to find #tanal frequency of each
member. In the simulations each member is fixed in one endil@ared) and an im-
pulse is applied to excite oscillations from which the ndttrequency can be observed.
The natural frequencies and corresponding range of stgfmeultipliers for the three
flexible members are given in Table 3.

Table 3: Natural frequencies and stiffness multipliers.

Member ws[rad/s] Bk [s]
Pedestal (with king) 94 0.0006 - 0.0015
Inner jib 60 0.001 - 0.002

outer jib 35 0.002 - 0.004
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The stiffness multipliers are tuned together with springfii@ents during the model
calibration in section 5.

4 Motion Control System Model

Whereas the model of the mechanical system, in general sesdban physical (white-
box) modeling, the motion control system model is mostlyelolaen semi-physical (grey-
box) modeling. The main reason for this is that manufactuo&hydraulic components
do not provide enough and sufficiently detailed informatiorestablish physical mod-
els. In addition, physical models will quickly become too qdex and computational
demanding for system simulation. Therefore certain mottecgires have to be as-
sumed which allow for simplifications without ignoring or umestimating important
physical phenomena.

The motion control system is modeled using both predefinegpoments from the hy-
draulic and the signal block libraries in MapleSithand custom made components
developed via Maplé". This combination facilitates both efficient model devel@pin
and modeling at a detail level that is not supported by lypcamponents.

Joystick commands and control signals are representedrbyatiaed signal, which can
vary continuously between -1 and 1, and component dynamimsdeled using transfer
functions.

Hydraulic valves are generally modeled as variable orifical liviear opening charac-
teristics:

Q=¢&-Cv-/Bp (6)

Here is the relative opening of the valve, i.e., a dimensionlasslver between 0 and
1. It can be a function of system pressures or controlled wittmput signal depending
on the considered type of valv€ is the volume flow through the valve adg is the
pressure drop across it.

The flow coefficient in (6) can be expressed as:

2
CV—Cd'Ad'\/@ (7)

The discharge coefficienty, and the discharge are®y, are usually not specified for a
valve. InsteadCy can be obtained from characteristic flow curves given in thestiatat
of the valve. From this, a nominal flo,om corresponding to a nominal pressure drop,
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Apnom Can be identified and used to derive the flow coefficient:

Qnom

o VAPnom (8)
This corresponds to the fully opened state of the valve, sb (@i} it is assumed that
the discharge coefficienty, is constant and only the discharge a&g,varies with the
relative opening of the valve.
This modeling approach works well for DCVs with closed loop sgmadition control
where dither is used to eliminate static friction and certasign details are used to
reduce the disturbances from flow forces.
In some cases the approach may also work for pressure coatvek like CBVs. Most
often, though, attempting to establish physical or senysgal models of such valves
will encounter a number of challenges, e.g., related toidmcand resulting hysteresis,
non-linear discharge area characteristics, varying digghcoefficients and varying flow
forces. Therefore, a better way to model those types of saivay be to use a non-
physical (black-box) approach as described in section 4.2.
The following sub-sections describe models of the DCVs, the C&\sthe hydraulic
cylinders.

4.1 Directional Control Valves

The main concern, when modeling a DCV, is the steady-state flasacteristics and
the dynamics (bandwidth) of the valve. For system simulatiadhe design details of
the valve are usually not important and therefore servoegabnd pressure compen-
sated DCVs can often be represented by the same model. Brehkimgthe model into
several elements offers flexibility and facilitates changrethe model like including or
excluding a pressure compensator. The general DCV modeldesla representation
of the valve actuation (pilot stage) and four elements ferrtiain spool. For pressure
compensated valves, the model also includes the LS ciroditilze pressure compen-
sator. The model structure for the pressure compensated BGNown in Fig. 7. The
blue lines are signal lines transferring only a single statéable. The red lines transfer
the two hydraulic state variable, pressure and flow, betwieemydraulic components.
These are custom made components developed in M4ple

The valve is actuated with the control sigmigl which is passed through a second order
system representing the dynamics of the valve:

u 1
spoolz > - (9)
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Figure 7: Structure of DCV model.

The outputuspeol, is @ normalized signal representing the spool position, whinlvasy
continuously between -1 and 1 with 0 being the center positidineospool. The natural
frequencywy, represents the bandwidth of the valve &pds the damping ratio.

For servo valves the bandwidth can usually be identified fiugnvalves datasheet. Here
the valve dynamics is usually visualized with Bode plots fewesal input amplitudes
showing that the dynamics is non-linear. For system simaslatithough, a linear model
like the second order system will most often be sufficient jotlwae the dominant dy-
namics.

For pressure compensated DCVs there is usually no informatraiiable about the
bandwidth and the only way to identify it may be to carry out @gfrency response
test of the considered valve. An approach for such a test gitbed in Bak and Hansen
(2012) along with some test results for a Danfoss PVG32, whiclergtichl to the DCVs
used for the intermediate and outer jibs. The identified taditth, co, = 30 rad/s, and
damping ratio,{y = 0.8, are therefore also used here. This represents the overall dy-
namics between the control signal and the controlled flow,the dynamics of the pilot
stage, the main spool, the LS circuit and the pressure cosapamn

The four main spool edges are modeled as variable orificesy@iag to (6), for which
the relative openingeqge Of €ach spool edge is a function of the normalized spool po-
sition signal as shown in Fig. 8.

The spool edge openings are piecewise linear functionsribhide the overlaps of the
metering edges, PB and PA, and the underlaps of the returrs edlgend BT. A more
detailed description of the opening functions is given ik Bad Hansen (2012).

When modeling pressure compensated DCVs, a problem oftemeigered is that very
little or no information about the pressure compensatovalable from the valves
datasheet. This makes it difficult to estimate when the pressaturation will occur
and to establish a model of the compensator. However, if thenmadmressure drop
across the main spool metering edge (setting of compens@atmg), po, is known the
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Figure 8: Opening functions for spool edges.

compensated pressuf®omp can be described as:

PLs+Ppo for po< ps—pLs
Pcomp={ Ps— PLs for 0 < ps— pLs< Po (10)
PLs for ps—pLs<0

The first case describes the normal operating condition@ttmpensator, maintain-
ing the nominal pressure drop across the main spool metedgg. The second case
describes the condition where the load pressure is too ctodeetsupply pressure to
maintain the nominal pressure drop. The third case desctii®ebuild-in check valve
function of the compensator, which prevents negative floleaflbad pressure exceeds
the supply pressure.

The LS circuit directing the load pressure to the pressungpemsator is modeled as a
piecewise function:

Pa for Uspooi< O
Ps= ¢ ps for O < Uspool (11)
0 otherwise

The model parameters for the servo valve (inner jib) and tlesgure compensated
DCVs (intermediate and outer jibs) are given in Table 4.

4.2 Counterbalance Valves

The model of the CBV consists of two components; a check vahgea pilot assisted
relief valve (the actual CBV).
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Table 4: DCV model parameters.

Inner jib Int. & outer jibs
Wy 250 rad/s (40 Hz) 30rad/s (5 Hz)
Qv 0.8 0.8
Overlap 5% 10 %
Underlap O 5%
| |
Po NA 7 bar

The check valve is modeled according to (6) with the relatpering given by:

Eoy = P1— P2 — Pcrcv (12)

Kscv

This is only the basic part of a piecewise function that lintis relative opening to the
interval écy = [0,1]. p1 is the pressure at the port connected to the DCV nid the
pressure at the port connected to the cylinder. The cragkiegsurepecy, is usually
specified for a CBV and the normalized spring stiffness casebéo a low value of, e.g.,
ks,CV =1 bar.

In practice the check valve is either opened or closed. Thegptiffness is only used to
handle the transition between the two states, which otherwéseaause computational
difficulties.

Describing the relative opening by means of a pressure bquihn like (12) can in some
cases also be used for the CBYV itself. However, for the prelyounentioned reasons, it
is often only valid for the condition where the CBV is just abtmuopen (crack). For an
externally vented CBYV, like the one in Fig. 2, the crackingdition is described by:

P2+ - Px = PercBv (13)

Once again,p; is the pressure at the port connected to the cylindsris the pilot
pressure ang is the pilot area ratio.

For a non-vented CBYV, like the one in Fig. 3 (ignoring the twternal orifices), the
cracking condition is:

P2+ - Px= Percev+ (1+ ) - p1 (14)

As for the check valvep; is the pressure at the port connected to the DCV.
Instead of using (6) and a pressure equilibrium to model tB¥ €is proposed to use a
black-box approach based on the cracking condition in (13).
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For the black-box model, two new variables are introduggdand i . The first one is
the ratio between the pilot pressupg, and the load pressurp,:

_ X

PL (15)

i

The second variable is dependent on the type of CBV. For arreadty vented CBY, it
IS the ratio between the load pressure and the cracking peessu

- (16)

PcrcBv

For a non-vented CBYV, it is the ratio between the pressure acopss the valve and the

cracking pressure:
A
P—— (17)
PcrcBv

By replacingp2 with p_ in (13) it can be combined with (15) and (16) to arrive at the
following expression:

1
ML cr TS (18)

This expression, just as (13) and (14), describes the crgatondition of the CBV
where there is still no flow the through the valve. Itis illaéd by the solid line in Fig.

9, here for a CBV with a pilot area ratio @ = 3. The dashed lines above illustrate
conditions with different levels of flow through the valve.

In the model the actugly and . for a given time step is computed by (15) and either
(16) or (17) depending on the type of CBV. The distangefrom the cracking line
(randomly shown in Fig. 9) is then computed:

S=HL— Hicr (19)

If the distance is negative, there is no flow through the val@¢herwise, the flow is
computed as:

Qcav = Acpy - S8V (20)
HereAcpy is given by:

Acey = Ao+ A1 LUy (21)
Similarly, ncpy is given by:

Ncev = No+ Ny - Ly (22)

The four parametersy, A1, np andn; have to be experimentally determined, ideally by
a thorough mapping of the flow through the CBV for differerdgsure combinations at
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Figure 9: Example of the relation betwegnand i for the CBV model.

the individual ports. Alternatively, as described in sattio2, they can be determined
with parameter identification techniques and suitable measents from the system

where the CBV is installed.

The remaining (known) model parameters for the CBVs and thekchalves for the

inner jib and the intermediate and outer jibs are given indab

Table 5: CBV model parameters.

Int. & outer jibs

63.2

Inner jib
89.4

|
min-bar0->

1 bar

|
min-bar0->

1 bar

Cv

Pcrcv
ks,CV

1 bar

1 bar

250 bar

250 bar

Pc r,CBV
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4.3 Hydraulic Cylinders

The model of the hydraulic cylinder includes the capacitaridee chambers as well as
the friction between the piston and the barrel. The cylinderd is:

Foyy = 4 Fo—Frr- 2 for —vo < vey <o (23)

The pressure force iBp = p1-Ap— pP2- @-Ap. HereAp is the piston area ang =
(D2 — D?)/D3, whereDy is the piston diameter and, is the rod diameter.p; and
P2 are the pressures in the corresponding cylinder chambsgiss the cylinder piston
velocity andvg is a transition velocity used to handle the change in frictiondaround
zero velocity.

The capacitance of the two chamber volumes are accountéy for

=R (@1 vy (24)
1
br= PO (v Aa— Q) (25)
Vs cyl 2

Boil is the effective stiffness (bulk modulus) of the hydrauliedl Q; andQ-, are volume
flows in the two cylinder chambers. The chamber volurivggndV,, are functions of
the cylinder length.

The friction in the cylinder is quite complex, especiallypand zero velocity. As de-
scribed in Ottestad et al. (2012) it consists of both statet @aulomb friction as well
as velocity dependent and pressure dependent friction hwhay be described with a
model of five parameters. Even though the model is not veryptexnthe number of
parameters represents a problem because they cannot bamidetkwithout an exten-
sive experimental study of the considered cylinder.

Consequently, an even simpler model must be used and therti® friction force in
(23) consists only of static friction and pressure depenfiation:

Fir = Fs+Cp- [Fp (26)

The static friction can be set = Ap-1- 10° m?-Pa, i.e., a pressure of 1 bar on the
piston-side is required to overcome the static frictione Phessure dependent friction
may constitute 2...3 % of the hydraulic force, e@,,= 0.02. The friction parameters
are identified in section 5. The remaining (known) paramédterthe cylinders are given
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in Table 6.

Table 6: Cylinder model parameters.

Inner jib Int. & outer jibs
Dp 0.3m 0.25m
D, 0.18 m 0.125m
lo 3.145m 2.315m

stroke 1.755m 1.33m
mass 1500 kg 750 kg

5 Parameter Identification

For verification of the model, experiments have been caoigdvhere inputs, outputs
and certain state variables (given in section 2) of the rgstesn have been measured
and recorded. The crane used for the experimental work isrshroFig. 10.

Figure 10: Crane used for experiments.

In order to calibrate and verify the model, the inputs frora #xperiments are fed to
the model and the uncertain parameters are systematioakdyt(identified) until both
simulated outputs and state variables correspond to thatséned in the experiments.
The model can then be considered as verified as illustrateyirl 1.

To simplify the experiments and the following parameter tdeation, the individual
DOFs are considered separately and one at the time. Sincedttedpire for identifying
the parameters and verifying the model is the same for aketidOFs, only the DOF
of the outer jib is considered in the following. During the esipeental procedure the
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Measured state variables  ~

|

Input Measured output

Real syste

\

Model

Simulated output

Simulated state variables >
Figure 11: Principle of model verification.
crane is operated in open loop control mode, i.e., joystigkads are passed directly to

the control valve of the considered DOF. The joystick signal #ne resulting cylinder
motion for the outer jib DOF are shown in Fig. 12.

,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,,, — Inner jib !
— Intermediate jily
= o T T T O e S B R Outer jib
E} X O O o e T S e
| e L R e
| I |
2O 50 100 150

t[s]
Figure 12: Experimental input and output for motion congb-system for outer jib.

The calibration of the model is carried out in three stepst fhie steady-state cylinder
forces are considered, next the steady-state pressurdmalig the system dynamics
are considered.

Both steady-state and dynamic simulation is used for theemcalibration. Steady-
state simulation is carried out in MATLAB, and dynamic simulation is carried out
in Simulink® using an S-function (compiled C-code) generated from thelé8im™
model. The main advantage of this approach is a significané@se in simulation speed.
Furthermore, simulated values are quickly compared withsonesal values by importing
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the latter from the MATLAB® workspace and plotting them together with the simulated
values. The SimulifR model is shown in Fig. 13.

¥ ¥ ¥ ¥

#;, | Genemesty
0% ¥ laplesim Y

HydraulicMechanical Model )
12_m -

Figure 13: Simulink model of the crane.

The pressures in the circuit of the considered DOF are moxitanel the measured
pressures are compared with the simulated pressures. $halad measured lengths
of all three cylinders are monitored for verification, i.m,calibrate the motion of the

considered cylinder and to ensure that the two remainingagts are not moving during

simulation.

5.1 Steady-State Forces

A prerequisite for verification of the motion control systeso verify the mechanical
model and to identify its uncertain parameters. For thippse a rigid body steady-state
model of the mechanical system, as shown in Fig. 4, is usedialaie the steady-state
pressure forces in the cylinders, in order to compare thegethdé measured pressure
forces. The simulation is carried out by using the measuylidder motion given in
Fig. 12 as input and computing the resulting steady-staitefon the cylinder.

A parameter identification is carried out to identify thefion parameters for the cylin-
der model and to tune the mechanical model parameterghieemasses and positions
of the centers of gravity (COGSs) originally found via CAD mod&#ce a CAD model
seldom takes into account all the components in a mechasssaimbly it is reasonable
to allow for a tuning of the mechanical properties within asgiset of constraints.

The parameter identification is an optimization routinesdshon thefmincon function

in MATLAB ®, which minimizes the squared deviation between the measuesgyme
force, Fp, and the simulated pressure forég;

minimize f = (Fp—Fp)? (27)
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The simulated pressure force is computed as:

Feyl —Fs—Cp- [Fp| for vgy <O

Fo= (28)

Feyi is the simulated steady-state force on the cylindengpds the measured cylinder
piston velocity.

The measured pressure force and simulated forces afteathenpter identification are
shown in Fig. 14. The parameter values before and after thsifigation are given
in Table 7. As the pedestal and the king (bodies 1 and 2) are sigyiathey are not
included in the parameter identification. The positionsef€OGs are according to the
local coordinate systems in Fig. 4

pr (measured)j

__|—F_, (simulated)
‘ cyl

Fp (simulated) J

| | | | | | | |
TTTT T TTTOTTOTTOTT
| | | | | | | |

t [s]

Figure 14: Measured and simulated forces for verificatiost@hdy-state characteristics.

The steady-state levels of the measured and simulatedupeefssces are nearly equal
and the mechanical model along with the identified paramétdtserefore considered
reliable.

5.2 Steady-State Pressures

The verification of the steady-state behavior of the coslystem model mainly depends
on the calibration of the CBV model, i.e., identification bétfour model parameters in
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Table 7: Mechanical model parameters before and after pesndentification. Posi-
tions of COGs are according to Fig. 4.

Parameter Before After

g 5500 kg 5600 kg
my 1100 kg 1150 kg
Mg 2950 kg 3000 kg
Mg 2700 kg 2710 kg
X3 53m 54m

3 0.4m 0.35m
X4 1.15m 1.1m
Zy -0.2m -0.15m
X5 49m 4.8 m
Z5 -0.26 m -0.21'm
Xg Im 1.57m
2 0 0

Fs (outer jib) - 6.4 kN
Cp (outer jib) - 0.029

(21) and (22). For that the flow§; andQ,, through CB\f and CB\% are computed
from the measured cylinder motion shown in Fig. 12 and usedsieady-state model
of the outer jib circuit, together with the two measured puess, p, and ps, in order

to estimate the two remaining pressurpsand ps. The measured and estimated state
variables are then used together with the CBV model to ideAdf A;, ng andn;.

The two CBVs in the outer jib circuit are identical withgeometricpilot area ratio
of ¢y = 6. During operation a small amount of oil flows through the inteworéices

of the active CBV, which causes a reduction of the actual gtessurepy1 or pyo,
compared to the external pressupe,or ps, at the pilot port. For practical reasons, the
external pressure at the pilot port is often consideredagitbt pressure and therefore
the orifices are said to lower tledfectivepilot area ratio.

With the given sizes of the two orifices the effective piloearatio is theoretically
¢ = 1.95, which is represented by the dashed black line in Fig. 15. Mewyéhis is
only valid when the flow through the orifices is turbulent anel lack pressure is zero.
In practice, there is always a certain level of back presanctthe flow through the
orifices may not follow the fully turbulent orifice equationhall times. Therefore the
original cracking line fony = 1.95 is corrected according to:

1

29
1+Cy- px+Co- i (29)

HLcr =
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Figure 15: Relation betwegn andpy for the outer jib CBVs.

The corrected cracking line, the solid black line in Fig. is5adjusted by tunin@; and

C, until it coincides with the actual, values obtained with the measured and estimated
state variables.

During extension of the cylinder CBMs active andu, is obtained by:

_ P3—Pa

UL o= (30)
Percav
Uy IS obtained by:
2 = F (31)
P3
During retracting of the cylinder CBMs the active one andy is obtained by:
o= P2 —P1 (32)
pcr,CBV
Uy is obtained by:
o = 2 (33)
P2

With the computeduy and . values, (19) and (20) can be used to simulate the steady-
state flow through the two CBVs and compare them with the meddlow in order to
identify the four model parameters.
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As for the mechanical model, the parameter identificatioraisied out by means of
numerical optimization. Also here the optimization routisebased on thé&mincon
function in MATLAB®, which minimizes the squared deviation between the measured

flow, Qcgy, and the simulated flovcgy:
minimize f = ((chv— chv)z (34)

Fig. 16 show the measured and simulated flows after the paraidettification. The
identified parameters are given in Table 8.

Qcgy [I/min]

T -
et e

204t ;
—Q, (measured)::::
1 <Ly

104 —Q, (measured)-
0 simulated
Tl . 3
—Qz (simulated -
00
B H

Figure 16: Measured and simulated flows through the CBVs aftepdnameter identi-
fication.

The steady-state simulation yields good conformity betwkemeasured and simulated

flows, which indicate that the suggested CBV model is valid arad the identified
parameters are reliable. For the actual verification of tbeeh a dynamic simulation

Table 8: Model parameters for outer jib CBVSs.

Parameter Value Parameter Value
C 1.6267 Co 0.2452
Ao 27.84 Al 146.2

No 0.4707 ng 0.0359
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is carried out with the joystick signal in Fig. 12 as input. Twv coefficients of the
DCV are adjusted manually in order to simulate the correct #ad obtain the cylinder

motion shown in Fig. 17.
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Figure 17: Measured and simulated cylinder motion.

Once the DCV model is calibrated and the simulated cylinder matmrresponds to
the measured cylinder motion, the steady-state level o§itnellated pressures can be

compared with the measured pressures. Fig. 18 shows the sichalaiemeasured

values ofp, and ps.

Figure 18: Measured and simulated pressures for verifitaticteady-state character-

istics.

There is indeed a good conformity between steady-stateslefeihe measured and
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simulated pressures, which verifies the steady-state dieasdcs of the CBV model
and that the identified parameters are useful for simulation

5.3 System Dynamics

The remaining uncertain parameters that dominate theraydgaamics are the flexibil-
ity and damping parameters of the mechanical system anditfmess, bulk modulus,
of the hydraulic oil. The actual friction in the hydraulicliyders, the dynamics of hy-
draulic valves and other hydraulic components also inflaghe overall dynamics to
some extent, but they are considered to be less importattidaronsidered system.
While the steady-state level of the simulated and measurskpres in Fig. 18 corre-
spond well, there is a significant difference in dynamic reseo The model is obviously
stiffer than the real crane and therefore the flexibilitygmaeters of the mechanical sys-
tem are tuned by a scaling factor until the simulated dynaesponse corresponds to
the measured. Simultaneously, the bulk modulus is alssttju

The main objective for the tuning is to make the frequency efsmmulated pressure
oscillations correspond to the measured pressure osmi$at Naturally, the simulated
amplitudes should also correspond to the measured amgitlitbwever, there are more
uncertain parameters related to the amplitude of the asioifis than for the frequency.
Therefore some deviations are to be expected. Fig. 19 shensirttulated and mea-
sured pressures after the tuning.

During extension of the cylinder, both frequency and amgétof the simulated pres-
sure correspond very well with the measurements, except éoac¢heleration phase in
the beginning of the sequence. The reason for this is madylike un-modeled dynam-
ics of the cylinder endstops and possibly that the CBV maglebt accurate enough for
accelerating flows.

During retraction of the cylinder only the frequency cor@sgs to some extent in the
beginning of the sequence. The amplitudes do not correspoddhe simulated oscil-
lations are dampened far quicker than the measured osmilkat Also here, the likely
causes are un-modeled dynamics of the cylinder endstopreduracy of the CBV
model. Furthermore, as described in section 4.3, the dncin the cylinder is quite
complex around zero velocity and the applied cylinder moagy be too simple to cap-
ture the real behavior during acceleration.

In general though, the simulated response correspondsavisletmeasurements. The
observed deviations are within the expectations of what caacheved with a model
of the suggested detail level. The calibrated model is Bigitfor the type of simulations
that can be utilized by system engineers working with hydecasystem design and/or
control system design.

To obtain the correspondence shown in Fig. 19, all the flaiilglarameters are ad-
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Figure 19: Measured and simulated pressures for verifitafidynamic characteristics.

justed to 55% of their original value (Table 2) and the safa multipliers, used to
determine the damping parameters for the three flexible reesnhare set to 0.002, 0.003
and 0.007, respectively. Bulk modulus is set to 5500 bar, wisi@most half the value
of the initial guess.

Immediately, it seems surprising that the estimated siratstiffness needs to be re-
duced nearly by a factor of two. However, only three of the ceasguctural com-
ponents are considered flexible and while the estimated ¢angal of these individual
members may be correct, the flexibility of the remaining comgnts also contributes to
the overall dynamics. These components include the kirgintermediate jib and the
foundation on which the pedestal is mounted. In additionctivections between the
individual structural components may also offer some fldikyb

The identified value of bulk modules is significantly lower rinhe theoretical value
of a typical hydraulic oil, even when accounting for a certamount of entrained air.
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However, the compliance of pipes and hoses will also lower treetfe bulk modulus.
According to Merritt (1967) the effective bulk modulus is afly not more than 100,000
psi (approximately 6900 bar). The identified value of 5500ibadherefore considered
reliable.

Estimating the damping of a complex system like the consui@rane is obviously
difficult. According to (5) the stiffness multipliers shoulet reduced along with the
stiffness of the structural members, because the nat@wagliéncies are lowered. Since
the stiffness multipliers are actually increased, it iraplthat the damping ratio @f=
0.03—0.07 is too low. However, the un-modeled dynamics of structuralpmmments,
other than the three considered, will also contribute todted system damping. Further-
more the connections between the structural componentslsollcdfer some damping
in terms of friction.

Therefore the stiffness multipliers determined in sec8® may be reasonable when
considering the three structural members individuallyr #complete model, though,
the measurements show that additional damping needs tarbduced.

6 Conclusions

In this paper a model of an offshore knuckle boom crane has pesented. The model
is developed in MapleSifY' and includes both the crane’s mechanical system and the
electro-hydraulic motion control system.

The mechanical system is modeled as a two-dimensional-mudly system which in-
cludes the structural flexibility and damping. Theite segment methoid used to
model the flexibility and a procedure for estimating the&ineal damping is presented.
Though these methods do not represent the state of the aim Wetkibility modeling, it

Is shown that they are sulfficient for the given modeling puepdaurthermore, they are
advantageous in terms of modeling effort and computatietlirements.

The motion control system is modeled using mostly semi-jglaysnodeling techniques
in order to reduce the computation requirements withoutewiglg or underestimating
important physical phenomena. For modeling of the CBVs infyraulic system, a
novel black-box approach is presented which uses two diftgneessure ratios to com-
pute the flow through the valve. This approach is, howeveredas having a certain
amount of experimental data available.

The crane model is calibrated and verified with experimeratd through three different
steps:

1. Verification of the steady-state characteristics of tleemanical system model by
identifying the cylinder friction parameters and tuning thasses and COG posi-
tions of the bodies in the model.
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2. Verification of the steady-state characteristics of tlséi@om control system model,
mainly by identifying the unknown CBV model parameters.

3. Verification of the dynamic behavior of the crane model hyirig the flexibility
and damping parameters of the mechanical system model argtifthess, bulk
modulus, of the hydraulic oil.

For the first two steps an optimization procedure is appleedfficiently identify the
unknown parameters. In the last step the estimated paravagtesimply adjusted by a
scaling factor until the simulated response correspontisetmeasured response.

The demonstrated modeling and parameter identificatidmtqaes target the system
engineer by taking into account the limited access to corapbdata normally encoun-
tered by engineers working with system design. The verifiademodel is an example
of a virtual prototype which can be used to evaluate and imptfoelesign of the con-
sidered system.
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Motion Control

Morten Kollerup Bak and Michael Rygaard Hansen
Department of Engineering Sciences

Faculty of Engineering and Science, University of Agder
Jon Lilletunsvei 9, 4879 Grimstad, Norway

Abstract — In this paper design of electro-hydraulic motion conty@tems for offshore
knuckle boom cranes is discussed. The influence of the dorathee bandwidth along
with the ramp time for the control signal are investigatechantalytically with simpli-
fied system models and numerically with an experimentallyfiegrcrane model.

The results of both types of investigations are related teggd design rules for selection
of control valves and ramp times and the relevance of thesigmleules is discussed.
Generally, they are useful but may be too conservative fahoffe knuckle boom cranes.
However, as demonstrated in the paper, the only proper waytéondime this is to eval-
uate the motion control system design by means of simulation

Keywords— Hydraulic crane, system design, directional control vabasdwidth, ramp
time.
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1 Introduction

Design of offshore knuckle boom cranes is a complex and multidisany task in-
volving mechanical, hydraulic and control systems desigturally, this is an iterative
process as the design of the crane’s mechanical system anshraontrol system de-
pend on each other. In practice though, detailed design tf fystems is carried out
separately as concurrent activities with constraints irapgdey a conceptual design. This
paper focuses on design of the motion control system.

Despite the fact that hydraulics, in general, is considerathture technology, design
of hydraulic motion control systems still offers a numbercbillenges for both com-
ponent suppliers and manufacturers of hydraulically d@etlienachines. For the system
designer, the main challenge is to meet the functional reqents for the system, a set
of design constraints, while satisfying a number of perfarogacriteria such as cost,
reliability, overall efficiency and controllability, whichre often conflicting and also
subject to constraints. Design and optimization of hydcasyistem has been subjected
to quite extensive research, e.g., by Krus et al. (1991), Assder (2001), Hansen and
Andersen (2001), Krimbacher et al. (2001), Stecki and Garb@€iR2), Papadopoulos
and Davliakos (2004), Pedersen (2004) and Bak and Hansenl2013

Besides design of the actuation system, there are gendhadlg system elements to
consider when designing electro-hydraulic motion contystems:

e Control strategy.
e Control elements (control valves).
e Reference signals (generation and shaping).

In this paper a typical control strategy for offshore kneckbom cranes is considered
and the selection of control elements and reference sigmalgvestigated in order to
identify their influence on the system performance.

2 Motion Control System Design

Offshore knuckle boom cranes generally feature a high degfraetomation compared
to other types of cranes. The control strategy relies ortipasand/or velocity feedback
from the individual degrees of freedom (DOFs). For DOFs actuagdd/draulic cylin-
ders this is usually achieved by means of a position sensegriated in the cylinder.
Fig. 1 shows the general architecture of a typical electmrduylic motion control sub-
system for the considered type of crane.

Besides monitors, push buttons and switches the HMI contaagaysticks which the
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Figure 1. Simplified schematic of electro-hydraulic motemmtrol sub-system.

operator uses to generate command signals for the constamy Joystick signals are
fed to the SPG where they may be treated in different ways dipgmon the selected
control mode. In open loop control mode the joystick sigogd, is fed directly to the
DCV as a feedforward signal. In closed loop control mode jokssignals are trans-
formed into velocity and position references for the indual cylinder motions. The
latter is used for path control of the crane’s gripping yokesrehseveral DOFs are con-
trolled in a coordinated manner.
The FFC is a scaling of the velocity reference with the feasléod signal,urg, given
by:

UrF = Vret - Krp (1)

The feedforward gairKgg, is a tuning parameter, but may be computed when using a
pressure compensated DCV. With a DCV with linear flow charactesistie cylinder
velocity is given by:

Uy - Qmax

AQ

Qmax is the maximum flow of the DCV anég is either the piston area or the rod-side
area of the cylinder, depending on the sign of the valve cbstgnal,uy, i.e., the sign
of the velocity referenceyes:

A for O<u
Ag=1¢"" ’ (3)
Ap-@ for u, <0

(2)

chl ~

The cylinder area ratio i¢ = (D3 — D7) /D3, whereD,, is the piston diameter arid is
the rod diameter.
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Combining (1) and (2) yields the feedforward gain:

(4)

= Qe
Theoretically, the cylinder could be controlled by the fieediard controller alone.
However due to internal leakages in the hydraulic system, lmeati of the DCV and
nonlinear characteristics of the main spool this is not fpbs$n practice.

The FBC is a PI controller which compensates for disturbaacelsaccumulated posi-
tion errors. The control system usually also contains amefed which compensates for
deadband of the DCV. This deadband compensator, howevet, ¢®nsidered here.

The system architecture shown in Fig. 1 is a popular struttecause of its simple and,
consequently, robust design. Furthermore, the contsddlex easy to tune because of the
load independent flow control.

3 Dynamic Considerations

A critical point in the design process is the selection ofl&/ and, more specifically,
to determine which dynamic properties are required from #heev According to Merritt
(1967) the bandwidth of the DCV should be greater than any of #teral frequencies
of the hydraulic-mechanical system it is used to controlnMacturers of servo valves
usually recommend choosing a valve with a bandwidifj,which is at least three times
higher than the natural frequenay,y,, of the hydraulic-mechanical system (MOOG,
2012):
Wy > 3+ Ghm (5)

This applies if the valve bandwidth should not affect the alldvandwidth of the total
system consisting of the valve and the hydraulic-mechasystem it is used to control.
Furthermore, it applies for servo applications where fagpoase and high precision is
required and where non-compensated DCVs are used.

In order to investigate the relevance and usefulness of éseyd rule stated by (5) a
simplified model of a hydraulic servo system is consideretie $ystem structure is
illustrated by the block diagram in Fig 2 which corresponda single DOF of the con-
sidered crane.

The G. block represents the controller and contains both the FEQGFBC. Thes,
block represents the DCV including the closed loop spooltmrscontrol and the dy-
namics of the valve. For simplified analysis this block ismally modeled as a second
order system:
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Figure 2: Block diagram representation of hydraulic sem&tesn controlling a single
DOF.

Uref u \ y

Gu(S) 1 GnnlS) — 1/5T

1
GV(S) =3 (6)
S 2-4y's
w2 + w +1

The Gy block is the hydraulic-mechanical system to be controlled, is thse also
represented by a second order system:

Kh
GurlS) = g g
“ﬁm—f_ CGhm +

The performance of any hydraulic servo system depends doethéwidth of these two
series connected systems, i.e., the product of the twof&afsctions in (6) and (7).

If the design rule in (5) is followed the overall dynamics o thalve and the hydraulic-
mechanical system will approximately be that of the hydaaoiechanical system. If
the valve has a smaller bandwidth then the overall bandwidtheo§ystem is markedly
reduced. In Fig. 3 the Bode plot & is shown together with the produ@, - G, for

wy, = 3 whm andw, = wym. The remaining system parameters Krg, = 1, twhm = 10
rad/s,(hm= 0.2 and{, = 0.8.

Clearly, choosingu, = whm Yields a system with distinctly poorer dynamic performance
whereas choosingy, = 3 whm, justifies the simplification:

K
Guhm(S) = 2 thn;m-s ~ Gy Ghm (8)
@ o 1
where
Whm= 0.9+ thm 9)

Equation (8) and (9) are valid for frequencies up to and all@uy,. Frequencies beyond
this value are rarely of interest for hydraulic servo systeiitgerefore, when applying
(5), the valve dynamics can simply be disregarded and tleet@fé bandwidth (natural
frequency) of the total systemy,nm, may be used as a design reference, which is 90 %

of thm.
Besides the bandwidth of the DCV also the motion referencénfocontrol system must
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Figure 3: Bode plot of different combinations of valve dynesnand hydraulic-
mechanical system dynamics.

be considered. Also here the natural frequency of the hydrangchanical system must
be taken into account as it gives an indication of the limat the system imposes on the
desired motion.

Consider the mass-spring-damper system shown in Fig. 4 withssm, a stiffness,

k, and a dampingdp. This may be represented by an underdamped second ordensyste
with a natural frequencyy,, and a damping ratia]. The mass is traveling at a speed,
y = Vo, and the motion of the mass should be ramped down via the reieput,x.

In principle, this corresponds to halting a hydraulicalbntrolled payload by ramping
down the input flow.

—
b

- y

X

Figure 4: Second order system with a mass travelling at a speag.

Initially, X =y = vp and then the reference velocity is ramped down according to:

X:vo-ll—il, t<t (10)

r

Heret is the time and; is the ramp time during which the mass is decelerated. The
analytical solution to the motion of the mass during the raloyn is:
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y:C0+C1-t+C2't2

—Co-e . |cogp -t)+%~sin(ﬁ-t) (1D
where Vo Vo
Cozaﬁ-tr Ci=Vo sz—ﬁ (12)
and
a={-tn B=wn V1-C? (13)

The reference velocity in (10) becomes zero att,. At that instant the position error,
referred to as the overshoot, is:

e= |Xt:tr — Yi=t, |
= aéqtr -{1—e*(”f- [cos(B~tr)+%-sin(B-tr)} } (14)

The relative overshoot is the absolute position error ikeddb the nominal travel:

e

X—t, (15)
_ 2 {1—e‘a‘tr . [Cos(ﬁ.tr)+%~sin(ﬁ~tr)} }

=G
In Fig. 5 the relative overshoot is plotted as a function efrdimp time for two different
damping ratios. The natural frequency has no influence onuhees.

€rel =

Figure 5: Relative overshoot as function of ramp time for thifterent damping ratios.

Most hydraulic-mechanical systems have dynamic chatatter that are not signifi-
cantly more complicated than for the system in Fig. 4. Thaeethe result shown in
Fig. 5 may be utilized for hydraulic servo systems. It is cléat for a typical hydraulic-
mechanical system, ramp times should be considered whenetern is prescribed.
Also, it is clear that a useful ramp time depends on the acbkptvershoot. Hence, if
high overshoot is acceptable then small ramp times may lszpbed and vice versa.
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As a rule of thumb, the ramp time of a prescribed motion shobkl/aghe inequality:

6

= (16)
It is important to keep in mind that the natural frequency oéal system may be sub-
stantially smaller than the one computed for a model of tistesy. The discrepancy is
mainly because the modeled stiffness typically is highantthe actual stiffness. This
can be taken into account in many ways, for example by usingaller stiffness in
the computation or by means of experimental work that caealethe actual natural
frequency of the system to be controlled.

4 Practical Application

With the experimentally verified simulation model descdli@Bak and Hansen (2013a)
it is possible to generate a realistic picture of the natiremjuency of the crane. The-
oretically, there may be several mode shapes and natucpldneies for the crane. In
practice, though, it will only be possible to excite the lowesthese frequencies. This
frequency will be common for all the considered DOFs, i.e., thesofor three crane
jibs, but will vary with positions of the jibs, i.e., the lengtbf the hydraulic cylinders.
By orienting the crane jibs in different positions in the silation model and applying an
impulse the natural frequency for the given positions capnlimerved from the follow-
ing pressure oscillations in the cylinders. As seen from Bithe crane is a redundant
mechanism, since there are more DOFs than needed to pos#ignpiping yoke within
the work space of the crane. This redundancy is not expldéiedontrol purposes but
only to improve foldability. Therefore, the cylinders 2 a®dre simply operated equally
in practical operations.

Cylinder 2

Cylinder 3

Pipe deck

Figure 6: Knuckle boom crane with redundant DOF.
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The variation of the natural frequency can be mapped in &ttrmensional represen-
tation as shown in Fig. 7 as function of only two independetihdgr lengths.

L5 ] 1y [m]
Figure 7: Variation of natural frequency of the crane.

The figure provides a clear picture of how the natural freqguemries with the length of

the cylinders. The orientation of the inner jib has no majdtuence, except when
cylinders 2 and 3 are nearly fully extended. The natural feegy varies between
fhm= 0.65...1.9 Hz corresponding toynm, ~ 4...12 rad/s.

In order to investigate how well the simplified analysis intset 3 applies to a real

system like the considered crane, simulations with paramatétions are carried out
with the experimentally verified crane model. To limit theemttof the analysis a simple
sequence of extending the outer jib cylinder is considevehile cylinders 1 and 2 are

held at rest cylinder 3 is extended with trapezoidal velofgrence, see Fig. 8, using
the FFC only. The FBC is disabled to ease comparison and tabdad of DCV is set

to zero in order to simulate the function of a deadband coisgten

Vief [M/8]

Sref[M]

t[s] tend

Figure 8: Velocity and position references.

The reference cylinder travel is 1 m, starting and ending @nlfrom the end stops. In
this range the natural frequency varies betwégn~ 1.65...0.65 Hz corresponding to
whm~ 10...4 rad/s. Since the highest natural frequency is present aetfianing of the
sequence only the performance during the ramp up is comsiderdw,,, = 10 rad/s is
used as the reference frequency. According to (5) the DCV banlsttbuld then be
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at leastw, = 30 rad/s, which is at the performance limit of most pressurepemsated
DCVs. Bak and Hansen (2012) tested a Danfoss PVG32 and identifiedeviodm of
fy = 5 Hz or slightly more than 30 rad/s.

Simulations are carried out with variations of both ramp titheand DCV bandwidth,
wy, Where relative position error at the end of the ramping pkaiod maximum position
error during the sequence are observed. In Fig. 9 the relpbgition error is shown as
function oft, -y, for different DCV bandwidths.

Figure 9: Relative error at the end of the ramp.

The effect is the similar to the one seen in Fig. 5. The retagisror increases signifi-
cantly fort, - wnm < 6 at least forw, > whm. Furthermore, it is seen thag, is doubled
by choosingw, = 2- whm and tripled forw, = w,m compared to the ideal situation of
w, = . Only minor improvements are achieved toy > 3- whmn. The results seem to
support the design rules in (5) and (16).

In Fig. 10 the maximum position error is shown as functioty 6do, for different DCV
bandwidths.

_ 0015

[m

max

J\‘\LHHH\HHHHHH\Hf\\\\—(,\)/(,o =1 |
R e S S I o o Y S S S S S S vV hm

0.005 -t R T AR
Figure 10: Maximum error during the sequence.

The maximum position error is almost independent of the rimp and only depends
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on the DCV bandwidth. This indicates that if the relative etisoirrelevant, then the
ramp time does not need to be taken into account. However tab rsimop times may
cause instability while too long ramp times increase the maxrn reference velocity
and consequently the required flow.

The results once again support the design rules in (5) andsfh6e there is no sig-
nificant improvement fory, > 3- whm, but a significant increase in error fax, = whm
compared tav, = 3- Whm.

The absolute errors are small compared to the referenaal whthe cylinder and well
within the acceptable range for typical offshore knuckleozrane operations. The
simulation results confirm the validity of (5) and (16) an@fugness as general design
rules. In general, the choice of DCV and ramp times will alwaggahd on the accept-
able levels of relative and absolute errors. A prerequisitevaluate this is to have a
simulation model, like the one described in Bak and Hanseh3&)) with which a fre-
guency map, like the one in Fig. 7, can be generated and rglegatrol sequences can
be simulated.

5 Conclusions

In this paper design of electro-hydraulic motion contrasteyns for offshore knuckle
boom cranes has been discussed and a typical system aatdtbas been presented.
A critical point in the design process is the selection of directional control valve
(DCV) and more specifically to determine which dynamic propesdresrequired from
the valve. A commonly used design rule is to select a valve avliandwidthc,, which

Is at least three times higher than the natural frequengy, of the hydraulic-mechanical
system it is used to control.

The influence of the DCV bandwidth along with the ramp time for thetl signal
have been investigated both analytically with simplifiedegsmodels and numerically
with the experimentally verified crane model described in Ba#t Hansen (2013a).
The results of both types of investigations confirm the r@hee and usefulness of design
rules for required DCV bandwidth and suitable ramp times. How#we selection of
these design parameters always depend on the acceptairléeeel for the application
to be controlled and for offshore knuckle boom crane thestigated design rules may
be too conservative.

However, the only way to properly evaluate the performancé®htotion control sys-
tem design, without building a prototype, is to have simolatnodel of the application
like the one described in Bak and Hansen (2013a).
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